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Summary

A growing number of research projects focus on the development of rotating machinery
on a small scale. These machines generally operate at high speeds and as a result
multiphysical effects such as interaction with the surrounding air and thermal effects
become significant for the dynamics. Therefore, the multiphysical effects should be
modeled and coupled with the structural models in order to perform rotordynamic
analysis accurately. This thesis describes modeling approaches for flow-induced forces
in moderate flow confinements such as a casing and for temperature increase of fluid in
the confinement. Furthermore, a method to couple the flow force model and thermal
model with the structural model has been proposed. An experimental setup has been
designed and constructed in order to verify the simulations with experimental data.

The gap ratio (air gap/rotor radius) in the moderate flow confinement is two orders
of magnitude greater than the ones in small air gap geometries such as bearings and
seals (0.1 to 0.001). Due to high rotation speeds, the inertia effects become significant
as well as the viscous effects. A theoretical model for flow-induced forces in terms of
added mass, damping and stiffness was available in the literature for turbulent flow.
This model is extended for laminar flow and transition by using the suitable empirical
and analytical friction coefficients to model the shear stress.

Then a method to implement the flow forces to the rotor finite element model as a
spring damper and added mass at each node is proposed. Finite element modeling of
the rotor is based on Timoshenko beams (including the flexibility of the rotor shaft)
and each element has four degrees of freedom at each node.

As the rotation speed increases, the heat loss due to air friction and the
temperature increase in the air gap between rotor and stator become more significant.
Consequently, the change of air properties due to temperature change in the air gap
should be considered when calculating the flow-induced forces. Therefore, a thermal
model is established in order to calculate the heat dissipation and as a result, the
temperature increase of the air. In this model, the rotor, stator and the gap in between
is modeled as lumped thermal networks. The required convective heat transfer
coefficients and heat dissipation are calculated by empirical correlations. Afterwards,
the new air gap temperature is used to calculate the flow-induced forces with updated
air properties. In this way, thermal and fluid effects in medium gap confinements
are coupled with the rotordynamic models and their effects on critical speeds and
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stability are investigated. An experimental setup has been designed to verify the
developed models for multiphysical effects on a small scale. The design criteria have
been determined such that the rotor size is large enough to make multiphysical effects
measurable in the operation range. Flexible supports with changing stiffness are
designed to examine the effect of support stiffness. Experiments are performed as
spectrum measurements and modal analysis at different support stiffness with and
without casing. The developed modeling approach is verified by experimental results.

Finally, a simple way to overcome experimentally and theoretically observed
instability problems has been presented. Stationary damping is increased by mounting
viscoelastic inserts on the support disk. The spectrum and modal analysis experiments
are repeated for different viscoelastic materials and significant improvement has been
observed.

In summary, a method has been developed to couple flow induced forces with
structural FE model including the thermal effects. This method can be used
for the rotordynamic analysis of high-speed mini rotating machinery with medium
gap for both laminar and turbulent flow regimes. In addition, the usage of
viscoelastic materials to avoid theoretically and experimentally observed instability
is demonstrated.



Samenvatting

Een groeiend aantal onderzoeksprojecten richt zich op de ontwikkeling van kleine
roterende machines. Deze machines functioneren over het algemeen bij hoge snelheden
met als gevolg dat multifysische effecten op het dynamisch gedrag, zoals de interactie
met de omringende lucht en thermische effecten, significant worden. Om een accurate
rotordynamische analyse uit te kunnen voeren, moeten deze effecten gemodelleerd
worden en worden gekoppeld met de structurele rotormodelen. Dit proefschrift
beschrijft modelmatige benaderingen voor de stromingsgeinduceerde krachten in
rotor-stator behuizingen en voor de temperatuurstijging van het medium in deze
behuizingen. Verder wordt een methode voorgesteld om het stromingsmodel en
het thermische model met het structurele model te koppelen. Er is een opstelling
ontworpen en gebouwd om de resultaten van de simulaties met experimentele data te
verifiéren.

De spleet verhouding (luchtspleet/rotorstraal) in de rotorbehuizingen is twee ordes
van grootte hoger dan die van kleine luchtspleetgeometrieén, zoals van lagers en
van afdichtingen (0,1 tot 0,001). Vanwege de hoge rotatiesnelheden worden de
traagheidseffecten significant, evenals de viskeuze effecten. In de literatuur is een
theoretisch model beschikbaar voor de krachten op de rotor ten gevolge van de
turbulente stroming, beschreven in termen van toegevoegde massa, demping en
stijtheid. Dit model is uitgebreid voor laminaire stroming. Bij de overgang tussen
beide gebieden worden geschikte empirische en analytische wrijvingscoéfficiénten
gebruikt om de schuifspanning te modelleren.

Vervolgens is een methode voorgesteld om de stromingskrachten als een massa-veer-
demper systeem op elk knooppunt in het eindige element model van de rotor te
implementeren. De eindige elementen modellering van de rotor is gebaseerd op
Timoshenko balkentheorie (met inbegrip van de flexibiliteit van de rotoras) en elk
element heeft vier vrijheidsgraden op elk knooppunt.

Als de rotatiesnelheid toeneemt, wordt het warmteverlies door wrijving met de
lucht en de temperatuurverhoging in de luchtspleet tussen de rotor en de stator
significanter. Daarom dient bij de berekening van de stromingsgeinduceerde krachten
de verandering van de luchteigenschappen als gevolg van de temperatuurstijging in de
luchtspleet in acht te worden genomen. Hiervoor is een thermisch model opgesteld dat
de warmteafvoer berekent en hiermee de temperatuurverhoging van de lucht. In dit

vii
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model wordt de rotor, de stator en de ruimte hiertussen (de luchtspleet) gemodelleerd
met thermische netwerken om door middel van empirische correlaties de benodigde
convectieve warmteoverdrachtcoéfficiénten en de warmteafvoer te berekenen. Daarna
wordt de nieuwe luchtspleettemperatuur gebruikt om de stromingsgeinduceerde
krachten met de bijgewerkte luchteigenschappen te berekenen. Op deze manier zijn
de thermische en de stromingseffecten op de luchtspleet, samen met de rotordynamica
modellen en hun effecten op de kritische snelheden en de stabiliteit onderzocht.

Een experimentele opstelling is ontworpen om de ontwikkelde modellen te verifiéren,
juist wat betreft de multifysische effecten die in kleine snel roterende machines
optreden. Om beter te kunnen meten zijn de afmetingen wat groter gekozen maar zijn
ontwerp criteria geformuleerd zodat in het geschaalde system vergelijkbare effecten
optreden. Flexibele ondersteuningen met veranderende stijtheid zijn ontworpen om
hun effect op de stabiliteit van de rotor te onderzoeken. Diverse experimenten bij
verschillende stijfheden zijn uitgevoerd, zoals spectrum metingen en modale analyse
voor zowel met als zonder behuizing. De ontwikkelde modellen zijn geverifieerd met
resultaten van deze experimenten.

Tenslotte is een eenvoudige manier gepresenteerd om optredende instabiliteit uit te
stellen tot hogere toerentallen: de stationaire demping wordt verhoogd door het
monteren van visco-elastische inzetstukken. De modale analyse experimenten zijn
herhaald met verschillende soorten visco-elastisch materiaal, waarbij zoals verwacht
een significante verbetering werd waargenomen.
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Chapter 1

Introduction

1.1 Background

In our daily life we frequently unconsciously experience rotordynamics; in the engines
of aircraft jets, automobiles, the pumps used in home appliances, the drum of
the washing machine, computer hard disk drives, spindles of machine tools, etc.
Rotordynamics can be defined as a specialized branch of applied mechanics dealing
with the dynamics and stability of rotating machinery. By the ISO definition, a rotor
is a body suspended through a set of cylindrical hinges or bearings that allow it to
rotate freely about an axis fixed in space [32]. The non-rotating supporting structure
is defined as stator.

As the rotation speed increases, the amplitude of vibration often passes through a
maximum that is called a critical speed. This frequency is generally excited by the
unbalance of the rotating structure. In this case the rotation speeds coincide with
the natural frequency. If the amplitude of vibration at a critical speed is excessive
catastrophic failure can occur. Moreover, another phenomenon occurs quite often
in rotating machinery: instability. Rotors may develop unstable behavior in certain
velocity ranges. The centrifugal field causes, in some cases, an unbounded growth of
amplitude of vibrations in time. The ranges of rotation speeds in which self-excitation
occurs are called the instability fields [32]. These so-called self-excited vibrations can
result in catastrophic failure.

This is why accurate modeling of the rotordynamic behavior is crucial in the design
of rotating machinery in order to improve product reliability, to increase process
efficiency, to prolong machinery life, to enable safe operation, and such like.

Rotordynamic analysis dates back to the second half of the nineteenth century because
of the necessity of including the rotation speed into dynamic analysis as the rotational
speed of many machine elements started to increase. Many scientists tried to provide
a theoretical explanation of the rotordynamic behavior. In 1919, Jeffcott introduced



his paper about the dynamic analysis of rotors and presented a simple rotor model
that consists of a point mass attached to a massless shaft [42].

Even though the Jeffcott rotor is much simpler than the real-life rotors, it still
provides insight into important phenomena in rotordynamics. But for precise analysis
of complex machines such as gas steam turbines, compressors, pumps, etc., more
advanced models are required.

Developments in computer technology and numerical methods such as the finite
element method (FEM) have made more accurate, detailed rotordynamic analysis
possible. In addition, due to the more complex, multi-scale design needs and demands
for miniaturization and high-speed safe operation, the effect of the surrounding
medium on the dynamics of the rotor started to be investigated. Nowadays, extensive
studies are available in the literature about the modeling and testing of the effect of
different physical phenomena on rotordynamics [23, 55, 56, 69, 70, 86].

1.2 About this Thesis

Recently there have been a great number of research projects for designing rotating
machinery on a small scale such as: micro turbines, micro electric motors, micro
milling machines, etc. In order to satisfy efficiency requirements, these kinds of
machinery should generally operate at high speeds, with lightweight rotors and
unconventional bearings. Besides multiphysical effects such as excitations from the
surrounding air, thermal effects and the influence of unconventional bearings should
be taken into account while examining the rotor dynamic behavior. In order to
predict the rotor dynamic behavior correctly, these effects should be modeled and the
developed models should be coupled with the structural rotordynamic model.

The main objectives of this thesis are to investigate and model physical phenomena
that are important for the dynamics of rotors on a small scale and at high speed. The
developed modeling approach is then tested using a specially designed experimental
setup. In brief, the research contributes to the area of rotordynamics by introducing a
multiphysical (flow-induced forces and thermal effects) modeling approach for rotating
machinery on a small scale with medium gaps.

1.3 Outline of the Thesis

Chapter 2 firstly explains the physical effects that become important in small scale
systems. Then an overview of the recent projects on the design and development of
micro-rotating machinery is presented. Finally, modeling issues that are lacking in
the literature are outlined.

Chapter 3 starts with a brief description of rotordynamics theory. Then the numerical
model used for structural dynamic analysis of the rotor is described. The structure
will be analyzed by using finite elements based on Timoshenko beam theory. The
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axial and torsional vibrations are ignored, only flexural behavior of the rotor is taken
into account. By using this model, unbalance response and critical speeds of the rotor
can be predicted and the mode shapes and the Campbell diagrams can be plotted.

Chapter 4 gives an insight into the flow-induced effects that influence rotating
machinery. Moreover, the flow model used in the current analysis covering both
laminar and turbulent regime is discussed and the flow-induced forces on the rotor
are described.

Chapter 5 deals with the thermal modeling of air between the rotor and stator. A
model based on thermal networks and empirical air friction is constructed in order
to compute the power dissipation and the temperature of the air in the gap between
rotor and stator.

In Chapter 6 the coupling of the structural, flow and thermal models is described.
The thermal model is used to update the air properties (density and viscosity) in
order to compute flow forces at each rotation speed. The flow forces are implemented
in the structural model for multiphysical rotordynamic analysis.

Chapter 7 describes the design of an experimental setup which is used to validate the
developed modeling approach. At first, the effect of different parameters of the rotor
such as the diameter, length, maximum rotation speed etc. will be examined for the
dynamic behavior. This is followed by a detailed explanation of the selection of each
component, the design requirements and the design process.

Chapter 8 presents the experimental and simulation results for the validation of
the developed modeling approach. Equivalent models of the supports are derived
and implemented in the finite element based multiphysical model which predicts the
dynamic behavior of the rotor. The modal analysis and the spectrum measurements
are done in order to determine the natural frequencies and threshold of instability.
The experimental results are compared with the theoretical ones.

Chapter 9 discusses the usage of viscoelastic supports to overcome stability problems.
Characterization of different materials and implementation of support properties
into the developed multiphysical model are explained in detail. Experiments with
viscoelastic supports are performed and compared with the theoretical results.

Finally, conclusions and recommendations are presented in Chapter 10.






Chapter 2

Literature Survey on
High-Speed Micro Rotors

2.1 Introduction

Recently, microfabrication techniques have been developed to realize the production
of complex geometries, which in turn has enabled the development of micro scale
systems.

A large number of researchers have been working on the development of such devices
as micro electric motors, micro turbines, micro pumps, micro reaction wheels, micro
gyroscopic sensors and micro milling machines which include high-speed rotation
parts. However, classical rotor dynamic modeling approaches cannot be applied
directly due to the effects becoming crucial at micro level.

Epstein et al. [24] state that the thermodynamic considerations are not different at
micro than at macroscale. But the physics and mechanics influencing the design of
the components do change with scale, so that the optimal detailed designs can be
quite different. Examples of these differences include the viscous forces in the fluid
(larger at microscale), usable strength of materials (larger at microscale), surface
area-to-volume ratios (larger at microscale), realizable electric field strength (higher
at microscale), and manufacturing constraints (limited mainly to two-dimensional,
planar geometries given current microfabrication technology). The viscous forces are
more important at small scale. Heat transfer is another aspect of fluid mechanics in
which micro devices operate in a different design space than large-scale machines. The
fluid temperatures and velocities are the same but the viscous forces are larger, so the
fluid film heat transfer coefficients are higher by a factor of about three. Not only is
there more heat transfer to or from the structure but thermal conductance within the
structure is higher due to the short length scale. Thus, temperature gradients within
the structure are reduced [24]. Similarly, Lin et al. [51] state that the air surrounding



an oscillating microstructure has a profound effect on its dynamic behavior.

Over the last decade MEMS modeling techniques have been developed quite well,
Senturia [71] identifies that of the many challenges that remain, two appear most
significant. The first is the critical step of connecting the behavior of the continuum,
as expressed in highly meshed simulations, to equivalent lumped models that can be
used efficiently for system-level design and modeling. The second is the incorporation
of non-steady-state dissipative behavior into this modeling environment, without
having to make unacceptably inaccurate simplifications [71]. The high angular speeds
(105 —10° rpm) also require special bearing and support systems of the rotating parts
balancing the low weight systems, providing damping and minimizing the friction
(power loss). This chapter discusses previous work on the development of high-speed
micro devices, related equipment and modeling techniques for the physical phenomena
that are important in each application. Even though the devices are called micro,
length and diameter are mostly on a mm scale.

2.2 Applications

2.2.1 Microturbine

With the increasing energy demand for portable devices and the development
in the design and fabrication of MEMS, power systems on a micro scale have
been thought to be a feasible alternative to batteries. The energy density of
the best performing batteries is about 100 times less than that of fuel-based
systems. Charging times also pose problems, however, a fuel reservoir can easily
be refilled. Therefore, several groups are working on the development of micro
power systems. The realization of power MEMS presents new challenges to both
micromachining and the traditional mechanical and electrical engineering disciplines
of fluid dynamics, structural mechanics, bearings and rotor dynamics, combustion,
and electric machinery design. Achieving power density similar to conventional
systems requires combustor exit temperatures of 1200 — 1600 K; rotor peripheral
speeds of 300 — 600 m/s and thus rotating structures centrifugally stressed to several
hundred MPa (the power density of both turbomachinery and electrical machines
scale with the square of the speed, as does the rotor material centrifugal stress).
Low friction bearings, tight geometric tolerances and clearances between rotating and
static parts to inhibit fluid leakage are also necessary for these systems [75].

MIT Power MEMS Project

In this study, a high-speed rotor with a diameter of 4.2 mm is etched from a bulk
silicon substrate, taking advantage of the high strength-to-density ratio of single-
crystal silicon and the low flaw density of commercial semiconductor wafers. This
material choice provides unique capabilities to withstand the stress levels induced
by the centrifugal forces at high tip speeds. In order to minimize the resistance to
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rotation and prevent wear that would result from solid contact, the rotor is supported
by gas-lubricated, fluid-film bearings [29]. The microturbine assembly and produced
rotor are shown in Fig. 2.1 and Fig. 2.2 .

L Main Air
Main Air Inlet
ain Air Inle Exhaust
Hydrostatic Journal
Turbine Stator-Rotor Thrust Bearings Bearing

[ |
¥

W [ |

L___Stat
Structure

Thrust Aft

Journal Pressurization
Balance Plenum Exhaust

Plenum 2

Journal Pressurization
Plenum 1

Figure 2.1: Schematic of a cross section of the microturbine-driven bearing rig. For
scale reference, the rotor is 4.2 mm in diameter [29]

Stator
Vanes

Snap-off Tab
Pillars (4x) ==

Rotor
Blades

Forward Thrust
Bearing Hub

Figure 2.2: Optical photograph of the 4.2-mm diameter microturbine showing the
stator and rotor blades [29]

Magnetic bearings had two challenges for this project: 1) Magnetic materials are
not compatible with most microfabrication technologies 2) Curie point considerations
limit the temperatures at which magnetic designs can operate (permanent magnets
demagnetize). Then, electric fields are thought to be suitable for levitation but
calculated forces were too low compared to the bearing loads expected. Also, since
electromagnetic bearings are unstable, feedback stabilization is needed, adding to
system complexity [24]. For microturbines, gas bearings have intrinsic advantages
over electromagnetic approaches, including no temperature limits, high load-bearing



capability, and relative manufacturing simplicity. Gas bearings ensure compactness,
lightweight and extreme temperature operation. Gas bearings with large stiffness and
damping, and preferably of low cost, will enable successful commercial applications.
Current applications encompass micro power generators, air cycle machines, and
turbo expanders. Gas film bearings offer advantages of low friction and less heat
generation. These advantages enable their successful applications in air cycle units
for airplanes, high-precision instruments, auxiliary power units, and high-speed
microturbomachinery. In addition, gas bearing systems do not require costly, complex
sealing and lubricant circulation systems. Besides, these types of bearings eliminate
process fluid contamination and are environmentally friendly [69]. In the end, a
plane cylindrical hydrostatic journal bearing is used due to its ease of manufacturing.
Some other more complex variations like foil bearings and wave bearings are used
in large-size machines increasing the load carrying capacity and stability. However,
microfabrication of these systems is quite difficult at present.

Epstein et al. [25] presented a new analytical model for axially fed gas journal bearings
and the test results of micro gas bearings to characterize the rotordynamic behavior.
The model consists of two parts, a fluid dynamic model for axially fed gas journal
bearings and a rotordynamic model for micro-devices. The model was used to predict
the natural frequency, damping ratio and the instability boundary for the test devices.
Experiments were conducted using a high-resolution fiber optic sensor to measure
rotor speed. Both hydrodynamic and hydrostatic approaches are used and tested for
thrust bearings. Hydrodynamic thrust bearings use viscous drag, often enhanced with
shallow spiral grooves to generate a pressure gradient in the bearing, which increases
toward the rotor center. It also adds an additional design consideration: rotor lift off,
i.e. the minimum rotational speed needed to develop sufficient pressure to eliminate
rubbing between the stationary and rotating parts. Design charts for self-pressurizing,
hydrodynamic gas thrust bearings were given by Wong et al. [88] using information
adapted from macroscale gas bearing literature. Compared to existing hydrostatic
thrust bearings, a hydrodynamic approach offers significantly simplified fabrication
and elimination of the need for a source of pressurized gas external to the bearing.
However, such bearings exhibit a design trade-off between load bearing capability
and maximum operating speed (as limited by instabilities). They designed a 700um-
diameter bearing using these techniques to fit an existing device, a 4.2 mm-diameter
MEMS radial inflow turbine, which was fabricated and tested achieving 450 000 rpm
rotation speed. This test device demonstrated the load bearing capability predicted
by the macroscale gas bearing theory in the literature [88]. Two different devices were
tested for higher speeds. Device 1 was brought up to a tip speed of 260 m/s (1.2 x 108
rpm) and was held there for 20 min (a pressure leak resulted in a slight deceleration).
The rotor was then rapidly decelerated to stop. Device 2 reached a tip speed of 303
m/s (1.4x 10° rpm) prior to going unstable, crashing, and fracturing into many pieces.
The main failure mechanism is thought to be the inability of the journal bearing to
withstand loads induced by rotor imbalance. Even for rotors with small imbalance,
a slight offset of the rotor produces circumferential pumping of fluid, and causes the
development of hydrodynamic forces in the journal bearing gap. These hydrodynamic
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forces tend to be destabilizing and increase with the square of speed [26].

Belgian Power MEMS Project

The aim of the project is to design and fabricate a micro gas turbine in cm range
with an output of 100 W. Both photolithographic micro manufacturing techniques and
traditional micromechanical manufacturing are intended to be used for fabrication of
the microturbine. The design of the micro gas turbine is shown in Fig. 2.3. Rotation

Compressor

Generator stator Air bearings

Turbine

Generator rotor

Regenerator "
Combustion chamber

Figure 2.3: Initial Design of the microturbine in Belgian Power MEMS Project [60]

speeds of 500 000 rpm and above with rotor diameters of 10—20 mm are intended to be
reached. Conventional ball bearings are thought to be unusable for this application
due to high speed and high temperature. High temperature (100 — 1000°C) also
prevents the usage of permanent magnets as they could demagnetize. Another choice,
electromagnetic bearings, would consume some of the energy produced. Therefore
hydrodynamic gas bearings without the need of external pressure were thought to be
the most suitable bearing system. However, self-excited instabilities (half-speed whirl)
in hydrodynamic bearings limit the maximum attainable speed. The application
of bearings with conformable surfaces (foil bearings) are thought to be a promising
stabilization technique [60]. A stability analysis of foil bearings using dynamic stiffness
and damping coefficients was carried out by Waumans et al. [86]. Foil bearings are a
type of hydrodynamic gas bearing that are characterized by a flexible bearing surface
that can accommodate large variation in displacement. They are becoming more
popular in turbine/compressor applications. Even without additional damping, a foil
bearing was observed to be more stable than a rigid surface aerodynamic journal
bearing with similar geometry but not as stable as was previously believed. However,
it is claimed that due to its flexible nature, it is possible to improve the stability by
simple means [86].

To gather initial experience, a simple turbine driven by compressed air was built first.
The rotor diameter is 10 mm and the rotor is supported by two ball bearings. The
sub assembly of nozzle disk, rotor and bearings are shown in Fig. 2.4. The turbine is
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Figure 2.4: 10 mm diameter air turbine in Belgian Power MEMS Project [61]

a single-stage axial impulse turbine (Laval turbine) with a rotor diameter of 10 mm,
made of stainless steel using die-sinking electro-discharge machining [63]. The first
tests were performed up to a speed of 160 000 rpm, generating a maximum mechanical
power of 28 W with an efficiency of 18% [62, 63]. Further tests reported 50 W power
generation at 130 000 rpm with an efficiency of 24%. Power and efficiency is expected
to increase further with speed [61, 62].

Development of Micromachine Gas Turbine in Tohoku University

A micromachine gas turbine with centrifugal impellers of 10 mm diameter fabricated
by 5 axis micro milling is under development in Tohoku University. A compressor
of 10 mm diameter has been developed as a micromachine turbocharger. In the
performance test the turbocharger ran up to 566 000 rpm. To achieve a pressure ratio
of 3, the design speed was determined to be 870 000 rpm with an impeller diameter
of 10 mm. Hydrodynamic air bearings are planned to be used due to contactless
operation and no need for extra air supply. However, the hydrodynamic air journal
bearings are immune to whirl instability. But it is observed that the hydrodynamic
bearings with so-called herringbone grooves on the rotating surface have significantly
longer stable operation ranges. Therefore the hydrodynamic bearings with so-called
herringbone grooves on the rotating side are set as the baseline configuration for the
journal bearings. The rotor (Fig. 2.5) is made of titanium alloy (Ti-6Al-4V) and the
rotor assembly uses a conventional tie-bolt construction to connect the impellers to
the shaft. It was designed to run above the first and second rigid mode frequencies,
but below the first bending mode resonance frequency, at the design speed. The rotor
has herringbone grooves on the shaft for the journal bearings and a thrust disk with
spiral grooves for the thrust bearings. The herringbone grooves and spiral grooves
are formed by photolithography and wet etching. In the tests both pressure ratio and
the mass flow rate are smaller than the expected value but the shape of the curves
are similar [41].
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The research was extended in order to reach higher speeds [40]. Hydro-inertia gas
bearings were studied for this application. The hydro-inertia gas bearing is a type of
static air bearing with wider bearing clearance. It has larger load capacity and lower
viscous loss in comparison to other types of gas bearings. A test rig was constructed
and the shaft speed of 770 000 rpm has been achieved by using these bearings [40].

Herringbone Grooves

Figure 2.5: Rotor of the turbocharger [41]

2.2.2 Flywheel

Flywheels have been used to achieve smooth operation of machines for a long time.
Nowadays flywheels are complex constructions where energy is stored mechanically
and transferred to and from the flywheel by an integrated motor/generator. Today
flywheels are used as supplementary UPS storage in several industries. The progress
in power electronics, makes it possible to operate flywheels at high power, with a
power electronics unit comparable in size to the flywheel itself or smaller. The use
of composite materials enables high rotational velocity with power density greater
than that of chemical batteries. Future applications may be intermediate storage
systems for renewable energy generation and energy storage/attitude control systems
for microsatellites [13]. Flywheels have the following advantages over other storage
systems:

e High power density
e High energy density

e Lifetime of the flywheel is almost independent of the depth of the
charge/discharge cycle

e The state of charge can easily be measured

e No periodic maintenance is required
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e Short recharge time

e Environmentally friendly materials, low environmental impact

Lee [48, 49] proposed an energy storage and attitude control system for micro-
electromechanical systems in spacecraft using a high-temperature superconductor
(HTS) magnet bearing system. The system consists of an HTS magnet flywheel
energy storage system and a brushless motor/generator. Dimensions of the system
are given in Table 2.1.

The micro high-temperature superconductor flywheel for nano/pico satellites has an
angular momentum capacity of 0.083 Js and stores 2.32 kJ at 530 000 rpm. The
energy storage capacity is approximately 45 Wh/kg with an energy density of around
370 kJ /L. The HTS systems can perform the dual function of a power/attitude control
system and are ideally suited for low earth orbit energy storage, power generation,
and attitude control of spacecraft [49]. HTS is able to operate at low temperatures,
radiation, and vacuum environments in space, enhancing system stability passively
without power consumption. This system also offers an attractive power supply and
energy storage system for use during solar nights or in Geosynchronous Orbit (GEO)
and deep space where the environments are cryogenic temperatures [48].

Table 2.1: Dimensions of the HTS System

Quantity Dimension
Diameter (Rotor) 30 mm
Diameter (HTS) 10 mm

Diameter (Magnet) 13 mm
Height (Rotor) 4 mm
Height (HTS) 1.15 mm

Height (Magnet) 3 mm

Height (Levitation) 0.95 mm

Width (Coil) 20 pm
Depth (Coil) 700 pm

When a superconductor is placed in a magnetic field, it tries to minimize the magnetic
flux density, and thus expels the magnetic flux from its body. If a permanent
magnet is placed above a superconductor, the induced superconducting currents in the
superconductor act to exclude the total flux from it. These currents act as repelling
magnets and levitate the permanent magnet. A superconductor also tries to keep the
magnetic flux within itself constant when it experiences a magnetic field change. If
the permanent magnet levitated on top of a disk of HT'S is pulled away from its center
of rotation, the HTS brings the permanent magnet back to its original position to
keep the magnetic flux constant, and thus provides inherent stability. This property is
known as a flux pinning effect. Superconductor-magnet bearing systems are based on
passive magnetic levitation and the flux pinning effect [49]. Sung et al. manufactured
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a horizontal axle-type flywheel energy storage system with HTS Bearings. The system
consists of a composite flywheel rotor, superconductor bearings, a motor/generator
and its controller. The present system was designed to have an energy storage capacity
of 440 Wh at its operating speed of 40 000 rpm. Superconductor bearings were
assumed to be isotropic and their stiffness and damping values are found by a static
loading test and impact test. Two critical speeds corresponding to the rigid body
modes were found to be below 1000 rpm. The horizontal axle flywheel is shown in
Fig. 2.6 [75] . High-T. superconductors are arranged circumferentially inside the

Figure 2.6: Horizontal axle type flywheel [75]

bearings. The journals have outer diameter of 79 mm, and the bearings have inner
diameter of 88 mm and length of 111 mm. The radial clearance between the journal
and the bearing is set to be 4.5 mm [75]. In an another study Varanthajoo et al. [80]
presented an initial investigation of useful models that allow for a systematic analysis
of combined energy attitude control systems independent of satellite types. The
concept discussed was based on a double counter rotating flywheel assembly in the
pitch axis. The capabilities of energy storage and attitude control were demonstrated.
The critical limitations were analyzed and the simulation results were presented [80].

2.2.3 High-Speed Generators

Recently, there have been many studies on the design of Micro Power devices, but
these studies generally focus on the design of the turbine. However, all power supply
systems based on a gas turbine require an electrical system consisting of a high-speed
generator/starter, power electronics, a control platform and a form of energy storage
to power the starting of the turbine. Zywssig et al. studied the design of a 100 W, 500
000 rpm generator suitable for use with a gas turbine. The losses caused by the high
frequency operation were minimized by optimizing the winding and the stator core
material. The final design was a permanent-magnet generator with a volume of 3 cm3
and experimental measurements from a test bench were presented [91]. Ball bearings
were selected for a first test bench setup. Bending modes of the rotor are determined
with finite element simulations. The length of the shaft was adjusted such that the
operation speed is between the second and third bending mode [93]. At the rated
speed of 500 000 rpm a mechanical coupling between motor and generator was not
feasible. Therefore, the rotor is mechanically designed as common shaft for the two
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machines. The rotor consists of a titanium sleeve that includes two samarium-cobalt
permanent magnets, one for each machine. The titanium sleeve, which also acts as
shaft, was shrink-fitted onto the magnets in order to limit the stresses and guarantee
torque transfer without gluing the magnets to the shaft. The rotor diameter is 6 mm
and the length is 55 mm. Stator core, stator winding and air friction losses were
determined analytically. With the normal deceleration test the total losses in open
loop operation were determined, which include copper, core, air friction and bearing
friction losses. The experimental results were observed to match the calculations
well [92]. The experimental setup and components are shown in Fig. 2.7.

power and control )
electronics spiral power

connectors

reaction
torque
measurement

stator rotor

axial preload

adjustment ball

bearing
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mounting
block
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plate

Figure 2.7: Ultra-high-speed test bench with motor in the right flange and generator
in the left flange [92]

In other studies the thermal behavior of the high-speed mini generators was
investigated. For instance, Aglen et al. [1] described a thermal model to analyze
the temperature distribution in the high-speed generator using loss calculation and
calorimetric measurements. For the generator, a critical point is to ensure that the
rotor never reaches the temperature that would demagnetize the magnets. In this
study, the losses were determined calorimetrically, the input and output temperature
and flow were measured in the stator cooling water, the rotor cooling air and the
bearing oil. A thermal resistance network was used for the calculation of temperature
distribution in the machine. The model is made according to a method where
temperatures and internal power (losses) are considered to exist in points or nodes. In
a similar study Chun et al. [17] analyzed the thermal stability of high-speed permanent
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magnetic generator through a simplified model employing an air-cooling system. As
the losses and air flux are known, it is easy to estimate the heat rate taken away by the
cooling air, and easy to obtain the temperature distribution of the stator at a steady-
state. They performed simulation of this problem using the FLOTRAN computational
fluid dynamics (CFD) software package embedded in Ansys software. The simulation
results are found to be in good agreement with real operation circumstance.

2.3 Summary and Conclusions

As explained above, most of the studies involve the construction of micro rotating
machinery. Modeling efforts mostly focus on the bearings. Different gas, foil and
magnetic bearing types have been analyzed. In some other analysis only the thermal
behavior has been studied. However multiphysical effects on rotordynamics such as
interaction with the surrounding air and the thermal effects become important in
small scale [55]. Besides in most cases for different applications there is a casing
around the rotor for protection and for good operation conditions. The interaction
with the air in the confinement formed by the casing and rotor plays an important
role on the dynamics of the structure due to the high rotation speeds. Therefore in
our study the flow induced effects on the rotordynamics in small scale for medium
gap systems such as a casing have been investigated. The flow induced forces change
the critical speeds and also result in instability of the rotor.

In conclusion, the current literature lacks coupled thermal, fluid and structural
analysis for dynamics of rotating machinery in small scale. The study described
in this thesis developed a coupled multiphysical approach and presents experimental
validation. The theory on separate effects will be discussed in the following chapters
and put in the multiphysical framework.






Chapter 3

Structural Rotordynamics
Model

3.1 Introduction

There has been a lot of research about the dynamics of rotating machinery throughout
the last century. Simple models such as the Jeffcott rotor were developed to analyze
rotor dynamic problems. These models provide an understanding of the dynamics
of the rotating machinery. However, they are unable to give accurate predictions for
the complex geometries experienced in practice. Flexible rotors can be modeled as
continuous systems and dynamic characteristics can be investigated by the related
differential equations which describe the behavior of linear elastic continua. However,
only a few simple cases can be solved analytically and therefore discretization methods
are necessary to study more practical problems. The finite element method (FEM)
is a widely used discretization technique in rotordynamics. Many different element
formulations have been developed, with different shapes and characteristics like
beam elements, shell elements, plate elements, solid elements, etc. However, the
elements commonly used in elementary rotor dynamics are just beam, mass and spring
clements [32]. In order to determine the dynamic behavior of rotating shafts, this
research has developed a structural model capable of calculating unbalance response,
critical speeds, mode shapes and of plotting Campbell diagrams. Finite elements
based on Timoshenko beam formulation [6, 31] are often used for modeling the rotor.

In this chapter, first the finite elements which are widely used in rotor dynamics
(Sec. 3.2) will be explained. Next the Campbell diagram and decay rate plot will be
explained and the formulation to calculate the decay rates and the natural frequencies
will be given (Sec. 3.3). Finally, unbalance and response calculations will be discussed

(Sec. 3.4).
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3.2 Finite Elements in Rotordynamics

The Timoshenko beam element is widely used in rotor dynamic analysis. It has two
nodes at the ends of the beam and six degrees of freedom (three translational, three
rotational) per node with uncoupled axial, torsional and flexural behavior. Torsional
excitations are related to the operation of e.g. the rotors in reciprocating machines
that are driven by belt or chain drives. These torsional excitations are essential to
study faults and transients during the operation of such rotating machines [56], but
they can be omitted in cases where this behavior is not important. Furthermore,
the natural frequencies of axial modes are usually much higher than of other modes
and mostly little excitation acts on axial modes [32]. Therefore, in our study axial
and torsional vibrations are ignored, so only flexural behavior of the rotor is taken
into account, reducing the number of degrees of freedom (DOF) to four at each node
(Fig. 3.1). The vector of nodal displacements of the element using complex notation
is given as below:

. . . . T
q= [u:ﬂl + Uy ¢y1 - Z(ba:l y Uz, + LUy (byz - 7’¢12]

The complex notation is applicable for an isotropic rotor which has axisymmetric parts
and isotropic supports having the same stiffness and damping properties in x and y
directions. The complex notation reduces the number of DOF by half as compared
to real coordinates. As a result the size of the matrices and the computational time
for rotordynamic analysis decreases radically.
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Figure 3.1: Beam element

With the use of shape functions consistent stiffness K, mass M and gyroscopic
matrices G for a beam element were already derived by Genta [6, 31]. These matrices
are given in App. A.

Furthermore, mass and spring elements are used to model the interaction between the
rotating and non-rotating parts. Then these elements are assembled into the related
nodes of the stiffness K and mass matrices M. The mass element M, for an added
mass on the ith node of the rotor can be described as a 2x2 matrix in case complex
coordinates are used. It involves the added mass m and the inertia J as:
m 0 }

o (3.1)

M. - |
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This matrix should be assembled into the corresponding node of the mass matrix M.
The spring element is used to model the stiffness between the rotating elements such
as the flexible coupling between the rotor and the motor, also the stiffness between
the rotating and non-rotating parts such as the bearings. The matrix for the spring
element between two nodes has the dimensions 4x4 using the complex notation.

The stiffness matrix for the spring element is [32].

k0 —k 0
0 K 0 —K
K=l k0 & o (3:2)

0 -k 0 K

where k is the stiffness for translational DOF and « is the stiffness for the rotational
DOF. If the spring element is intended to be used between the rotor and non-rotating
parts (stator) and the stator is not included in the analysis, the spring element matrix
in Eq. 3.2 is replaced by a 2x2 matrix similar to the mass element. In this case the
spring element matrix becomes:

K, = [g 0} (33)

K

All spring elements used for the bearing, support structures or the flexible coupling
are assembled into the related nodes of the stiffness matrix K.

Finally, the damping should be taken into account for the dynamic analysis of the
rotating systems. The damping can be classified as rotating damping C,. and non-
rotating damping C,,. The non-rotating damping C,, is related with the non-rotating
parts whereas the rotating damping C,. is related with the rotating components of a
machine. The size of these matrices are the same as the stiffness matrix. Similar to
the spring element, the damper element can be used to model the damping between
different nodes. These elements should be added into the related nodes of these
matrices. The gyroscopic matrix G includes the effects of moment of inertia and is
given in App. A.

Then the governing equation of motion for an axisymmetric rotor is defined as [32]:

Mg + (C, + C,, — iQG)q + (K — iQC,.)q = Qf,e™* + £,(t) (3.4)

In our study a MATLAB based code is developed to form and assemble element
matrices. The unbalance response at a certain node is calculated considering the
unbalance force vector f, and omitting the non-rotating force vector f,,(¢). The
complex eigenvalues in the absence of f,. and f,(t) are obtained at different speeds.
Then these results are used to plot the Campbell diagram and decay rates which finally
reveal the critical speeds and the onset of instability. The details of calculations are
given in the following sections.
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3.3 Campbell Diagram and Decay Rates

Since the rotation speed is included in the equation of motion of a rotor (Eq. 3.4), the
calculated natural frequencies are functions of the rotation speed. This dependency
is shown generally in a plot of natural frequencies of the system w; versus the rotation
speed , which is called the Campbell diagram. In many cases the frequency of
excitation also depends on the rotation speed (see next section). Hence the Campbell
diagram is very useful to study the effect of different excitation forces on the system.
The rotation speeds, at which the frequency of forcing functions coincides with
one of the natural frequencies, are called the critical speeds. The operation in the
neighborhood of critical speeds may result in excessive vibrations and catastrophic
failure. The critical speeds can be observed in the Campbell diagram by intersecting
the natural frequency and forcing function curves. In most cases the excitation is
caused by the unbalance, then the frequency of the forcing function can be plotted
with the straight line w = Q (1x line)(see sec. 3.4) in the Campbell diagram and
the excitation is defined as synchronous. Fig. 3.2 depicts the Campbell diagram and
critical speeds and mode shapes for synchronous excitation of a flexible rotor with
flexible supports. In the figure the first three natural frequencies are plotted as a
function of rotation speed and the corresponding mode shapes (one rigid body and
two bending modes) are presented. The critical speeds are determined by intersecting
the (1x line) with the natural frequencies.

55X 10° Campbell Diagram
Re] T T T T

1.5 |

| |Critical Speeds 4////:,,»?‘/

w(rad/s)

- - | | | 1 1 I
O0 0.2 0.4 0.6 0.8 1 1.2 1.4 1.6 1.8 2
Rotation Speed (rpm) x10°

Figure 3.2: The Campbell diagram

Another important phenomenon in rotordynamics is instability. Rotors may develop
unstable behavior at certain rotation speeds depending on the support stiffness and
more on the non-rotating/rotating damping ratio. Normally the amplitude of free
vibration of a linear system decays exponentially. However, in the case of rotors self-
excitations may occur and cause unbounded growth of the amplitude of vibrations
in time. The speed at which this self-excitation happens is called the threshold of
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instability. This may occur due to the enclosed surrounding fluid, cracks in the shaft,
coupling and internal friction etc. The main difference between the instability and
critical speeds is that critical speeds are a sort of resonance between the forcing
function and natural frequency leading to large but bounded amplitudes. On the
other hand, in unstable operation self-excited vibrations occur and grow unbounded
by the rotation of the shaft. Genta [32] explains the main features of the critical
speeds and instability:

Critical speeds:

e They occur at well-defined values of the rotation speed.

e The amplitude of vibration grows linearly in time if no damping is present.
It can be maintained with reasonable limits and a critical speed can be passed.
In that case safe operation can be performed.

e The value of the critical speed does not depend on the amplitude of excitation;
however, the maximum amplitude of vibration depends on the amplitude of the
perturbation causing it.

Fields of Instability:

e The speeds higher than the onset of instability are often unstable.

e The threshold of instability is generally in the supercritical (higher operation
speeds than the critical speed) range.

e The amplitude grows exponentially in time. It grows in an uncontrollable way
and consequently working above the threshold of instability is impossible.

As explained above, the natural frequencies of the system should be computed as a
function of rotation speed in order to plot the Campbell diagram. For the stability
analysis rotating and non-rotating damping should be taken into account and the
decay rates should be calculated. This makes the computation time longer. In the
case of viscous damping, the basic equation is the homogeneous equation associated
with Eq. 3.4 [32]. Non-rotating damping stabilizes the system; on the other hand
rotating damping causes self-excitations resulting in instability. The material damping
of the rotor, friction between rotating components such as coupling-rotor, flow in the
bearings, seals, casing, contributes to the rotating damping.

Mg + (C, + C,, — iQG)q + (K — iQC,)q = 0 (3.5)

The Campbell diagram and decay rates are computed using a solution of type q =
qoe™. Where A=w+ic is the complex frequency (eigenvalue). The real part of the
complex frequency (w) is the natural frequency and the imaginary part (o) is the
decay rate. State space representation makes the calculations of eigenvalues easier.
At first q can be formulated as:

G=M"1'(iQG - C,)g+ M (-K +iQC,)q (3.6)
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Then the Eq. 3.5 can be transformed into:

g R 4[4 8]{3)-3)
q q
(3.7

The onset of instability can be determined from the decay rate (o) plots. If the decay
rate becomes negative the vibrations are not damped out and self-excitation occurs. It
can be difficult to evaluate the decay rate with a sufficient degree of precision, since it
is influenced by many factors that are difficult to measure or model accurately, such
as damping. Therefore theoretical studies may be used to make initial predictions
which should be later validated. The decay rates are plotted as a function of rotation
speed similar to the Campbell diagram for the prediction of the onset of instability.
Fig. 3.3 illustrates the decay rates belonging to the first three natural frequencies of
a rotor which is surrounded by a casing. The air between the casing and rotor causes
instability as observed in the figure.
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Figure 3.3: Decay rate

With the state space representation, z = { 2 } Eq. 3.7 may be transformed into the
eigenvalue problem, Az = \z.

Then the eigenvalues, in this case the complex frequencies A can be calculated
revealing the natural frequencies (w) and decay rates (o). In order to plot the
Campbell diagram for m values of the rotation speed €2, an eigen problem of order 2n,
where n is the number of complex degrees of freedom, must be solved m times [32].
The damping has generally little effect on the values of the natural frequencies. On
the other hand it affects the decay rate drastically. As a result, the rotating and
stationary damping should be considered for stability analysis.

In the current study a finite element based structural model is developed in MATLAB,
the element matrices are formed and assembled by using this code. The damping
can be added by viscous dampers between the corresponding nodes into the related
damping matrix, C, or C,. The bearings and the support structure are added
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into the stiffness and mass matrices using the mass and spring elements. Then the
eigenvalues are calculated from the Eq. 3.7 and the ”eig” eigenvalue solver function of
MATLAB [53]. In this way the natural frequencies and the decay rates are calculated
and plotted.

3.4 Computation of the Unbalance Response

In general the center of mass is not located exactly in the center of the cross section of
the rotor. Then the eccentricity € causes a static unbalance me which has a significant
effect on the dynamic behavior. Fig. 3.4 depicts the center of cross section C, center
of mass P, origin of the fixed system O and the eccentricity e.

a)Z“ b) WY

Figure 3.4: Unbalanced rotor a) sketch of the deflected system b) situation in the xy
plane [32]

Unbalance can be a result of rotor material non-homogeneity (voids, porosity, etc.)
or specific types of imperfection in design, fabrication and assembly. Unbalance may
also occur during machine operation due to erosion or building up of deposits, missing
or loose rotor parts and thermal distortion of the rotor. In addition crack formation
can be another reason for unbalance [56].

The amplitude of unbalance response is important in the computation of the induced
stress on the rotor and transmitted vibration on the non-rotating parts. Furthermore
rotors mostly have bearings, seals or housings having small clearances. The amplitude
of the unbalance should be known to balance the rotor or to design the surrounding
non-rotating parts accordingly. In this way the rub-impact of the rotor can be
prevented.

Unbalance produces a forward synchronous excitation, that is, an excitation that
rotates at the same speed (2 as the rotor. It generates a centrifugal force perpendicular
to the axis of rotation. By introducing the force caused by unbalance into the
equation of motion, it is possible to obtain the response of the system in terms of
the displacement vector q. The response of the structure due to an unbalance at a
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certain point is calculated from Eq. 3.4 by assuming a solution of q = qoe’*, where

qo is the vector of amplitude of response. Then the following algebraic equation
is obtained for a system with only non-rotating damping [32] and static unbalance
caused by an eccentricity (¢;) at the i*" node:

(—QQ(M ~ Q) +iQC, + K) aQ = Pme; (3.8)

The computation of the response to an arbitrary unbalance distribution is similar to
the computation of the response of a vibrating system excited by a harmonic forcing
function, where the excitation frequency equal to the rotational speed €2 is used in
the equation, the amplitude of the excitation is proportional to 02, and the mass
matrix of the system is M — G [32]. The unbalance response is usually reported in
graphical form as a plot of the amplitude of the circular orbit at a selected location as
a function of the rotation speed (see Fig. 3.5). The peaks correspond to the critical
speeds and are followed by antiresonances.
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Figure 3.5: Unbalance response

3.5 Conclusions

FE is a widely used method to examine the dynamic behaviour of the rotor. The
structural model using finite elements based on Timoshenko beam formulation enables
computation of unbalance response, plotting Campbell diagrams, decay rates. The
Campbell diagram reveals the critical speeds of the rotor. On the other hand the decay
rate plot shows the onset of instability. The multiphysical effects can be implemented
into the structural model (see following chapters) and rotordynamic analysis can be
performed to determine critical speeds and onset of instability.



Chapter 4

Modeling the Flow-Induced
Forces

4.1 Introduction

As stated in Sec. 2.3, there has been much research on microrotating machinery. In
most applications there is a casing around the rotor. Due to the high rotation speeds,
the air in the confinement formed by the casing and the rotor plays an important role
on the dynamics of the structure. The surrounding flow alters the natural frequencies
and results in rotating damping. The rotating/stationary damping ratio determines
the stable operation ranges. The behavior of the flow in a gap between a rotating
cylinder and non-rotating casing depends on the Couette-Reynolds number (Res) and
Taylor number (T'a) which are defined as:

pQrH H p202r H?

d Ta=Re:= =
an a 65T 2

R€5 =

where p is the density of the fluid, €2 is the rotation speed, H is the nominal clearance,
1 is the dynamic viscosity and r is the rotor radius. If Res < 2000 and T'a < 1700,
the laminar two-dimensional Couette flow theory is valid; when Res < 2000 and
Ta > 1700, the flow is still laminar, but three-dimensional Taylor vortices are present;
if Res > 2000, the flow is turbulent but less-organized vortices still exist up to higher
values of Res [3]. In laminar flow the fluid particles move in smooth layers, on the
other hand in turbulent flow the fluid particles move with random three-dimensional
velocity fluctuations [28]. If there is no axial flow, linear velocity profiles are observed
in laminar flow between the rotor and stator. The fluid velocity close to the rotor is
the same as the surface speed of the rotor. The velocity of the fluid particles near
to the stator is zero. In the turbulent flow a linear velocity profile is not observed.
The flow in the gap between the rotor and stator can be separated into three layers:
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two viscous layers near the walls and one turbulent layer in the middle of the flow.
The motion of fluid particles in the turbulent layer is independent from viscosity.
The highest velocity gradients are in the viscous layers [67]. Fig. 4.1 illustrates the
laminar and turbulent flow in the gap between the rotor and the stator when the
curvature of the air gap is neglected. Taylor vortices are periodic secondary flows

Laminar flow Turbulent flow

stator viscous layer

viscous layer

V » rotor Vv

Figure 4.1: Tangential velocity profiles of laminar and turbulent air gap flows [67]

that are developed due to the centrifugal force affecting the fluid particles that are
confined between two cylinders. At lower speeds the flow is laminar and the formation
of the Taylor vortices is prevented by frictional forces [67]. Fig. 4.2 depicts the Taylor
vortices in the gap between the rotor and the stator.
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Figure 4.2: Taylor vortices [67]

Most of the existing research about the flow effects on rotors concerns the bearings and
seals. The gap ratio, 6 = H/r (nominal clearence/rotor radius) in these geometries
is around 1/1000. For these applications the inertia effects are ignored and the
flow properties are governed by the Reynolds equation. Derivation of the Reynolds
equation, the solution procedure and rotordynamic coefficients are provided in various
textbooks [2, 15, 56]. However, fluid inertia effects become significant at high rotation
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speeds and large gap ratios. This condition occurs when Re* /[~(z > 1 where f(z
(shear stress factor) is 12 for laminar flow and 0.066 (%)0'75 for turbulent flow(i.e.
Res > 2000) [2] and the modified Reynolds number is given as Re* = ResH/r.
Table 4.1 illustrates the Couette-Reynolds number (Res) at which the fluid inertia
effects start to be effective for different gap ratios.

Table 4.1: For different gap ratios (H/r) the Couette-Reynolds number (Res) at which
fluid inertia effects become significant

H/r Res
1/10 120
1/50 600
1/100 1200
1/200 3827
1/500 149 394

The mini rotor casings typically have medium gaps (reduced gap size of 1/10 to
1/100). In addition, the high rotation speeds make inertia effects significant and a
turbulent flow regime can be present in microrotating machinery. As a result modeling
approaches for flow-induced forces have to be adapted which cover both laminar and
turbulent flow regimes including the inertia effects. These flow forces should then be
used for rotordynamic analysis of these systems.

Detailed numerical studies are available in the literature in order to calculate the
rotordynamic coefficients (added mass, stiffness and damping terms) including the
inertia effects [7, 8, 38, 73]. Coupling this approach to a structural model is
cumbersome. The fluid numerical model has to be run for each different geometry
and fluid properties in order to obtain fluid forces and as a result the rotordynamic
coefficients.

In other studies the momentum and continuity equations are used and linearized fluid
forces are obtained analytically as a function of speed, fluid properties and geometry.
Fritz [30] modeled flow with inertia effects by using an extension of a lubrication
theory in which he included fluid inertia and fluid frictional effects for flow in the
annulus. Antunes et al. [3] extended this work by including rotor eccentricity and
experimentally verified the developed modeling approach for concentric and eccentric
configurations [37]. Both studies use semi-empirical friction coefficients and 2-D flow
assumption in order to derive added mass, damping, stiffness. However these studies
do not include the laminar flow regime. Brennen [14] states that these forces could be
used also for laminar regime including necessary friction coefficients for shear stress.

Our study uses the force model given by Fritz [30] and Antunes et al. [3] for a
concentric configuration. These forces are implemented into a structural finite element
model (FEM) as added mass, stiffness and damping. The next section describes the
main assumptions and outcome of the used flow force model.
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4.2 Flow Force Model

The aim of the current study is to implement flow-induced forces into the structural
model and perform rotordynamic analysis under the effect of surrounding fluid. As we
are dealing with high speeds it is important to include the turbulent regime and inertia
effects. For this case a detailed model of the flow is quite complex. Therefore the
following assumptions are commonly made for simplifying the governing equations:
(a) the flow is assumed to be incompressible and two dimensional; (b) the shear
stresses are modeled using semi-empirical friction coefficients [3]. The two dimensional
flow field is illustrated in Fig. 4.3. Antunes et al. [3] obtained linearized flow-induced

Uy

rotor

Q
{/re I
N

casing

Figure 4.3: Two dimensional annular flow

forces per unit length for a fluid annulus with medium gap using perturbation methods
with the above assumptions incorporating the inertia terms. The obtained forces
were added to a simple rotordynamic model with a rigid rotor and flexible supports.
Then simulations were performed and verified experimentally [37]. The complex
turbulent flow features are represented by the empirical friction coefficient. This
friction coefficient is available in the literature by numerous studies [12, 39, 87]. A
bulk-flow approach has been used. Consequently, the presence of the Taylor vortices
has been ignored. As a result the validity of the theoretical model is expected to
decrease as the reduced gap increases due to the formation of Taylor vortices. But
the numerical computation of the Taylor vortices and complex turbulent flow could
be difficult and time consuming when coupled to a structural analysis. Furthermore,
some experimental studies reveal that simple assumptions may lead to reasonably
accurate estimations in moderate gap systems and analytically obtained force models
could be feasible [5, 9, 37]. Then the governing continuity and momentum equations
for these geometries are given as [3]:

Ohg 10

Continuity: ¥y 2 4 rae(h u) =0 (4.1)
0 10 hg Op
Momentum: dn —(hgu) + 50 —(hgu?)| + —% +75+7 =0 (4.2)
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where 7, is the shear stress on the rotor and 7, is the shear stress on the stator.
They are given by:

1 1
Ts = §p(QR —u)?ey, T = ipu2cfs (4.3)
where u is the mean flow velocity in the gap and assumed to be as % in our study.

This assumption is made in other previous studies [12, 68]. The velocity profile along
the gap depth is plotted from experiments by Piteau [3] and the velocities at different
locations of the fluid apart from the rotor and stator surfaces are observed be very
close to QTT Besides, in our study the empirical friction coefficients on the rotor and
stator are assumed to be identical and are given as cy. Then the shear stress on
the rotor and the stator are the same (75 = 7,) as a result of these assumptions and
expressed as the shear stress 7. The relation between the friction coeflicient ¢y which
depends on the surface roughness and Reynolds number and the shear stress 7 is
formulated as:

T (4.4)

Cf = %qu
Antunes et al. [3] solved the equations 4.1 and 4.2 by using a classical perturbation
analysis and obtained linearized equations which apply to small vibratory motions
about the static position. By integrating the fluctuating pressure, the linearized
flow-induced forces are expressed by means of mass-stiffness-damping matrices. The
solutions are only available for the frictionless eccentric rotor or concentric rotor with
friction.

The linearized fluid forces per unit length are given as:

(- el HE 2 HE 2))
fy Myz  Myy Uy Cyz  Cyy Uy kya  kyy Uy

(4.5)

The elements of the above matrices take the following form for the eccentric rotor
ignoring friction [3]:

Mass elements:

2[1 — (1 —€2)1/?)

Mapg = Myy = 5 Mg Mgy = Myz =0 (4.6)
€
Damping elements:
Caz = Cyy =0 Cay = —Cyz = EdMy (4.7)
Stiffness elements:
2%my, Q21— )V?m,

kpw = — kyy = — kuy = —kya =0 (4.8)

41— e2)1/2 4



30

where
C3qTT 2,0

Ma = ——
These elements take the following form for a concentric configuration [3, 30] :

Mass elements:

Mgy = Myy = My Mgy = Myz =0 (4.9)

Damping elements:
Crg = Cyy = ansacf Cay = —Cyz = My (4.10)

Stiffness elements:
Koo = kyy = —QZ"“ kay = —kys = 92’;76‘” (4.11)

All the elements in both cases are proportional to m,. Therefore inertia effects are
present in all elements affecting the stability and natural frequencies of the rotor.
In our study the eccentricity is ignored and the casing and rotor is assumed to be
concentric, therefore only the forces for the concentric configuration are coupled with
the thermal and structural model (see chapter 6).

In these equations c3g4 is the correction factor for three-dimensional flow effects and
given as czq = Ma3q/Ma2q, where Myoq is the added mass for 2-D flow given as:

Lrr?p

Ma2d = S

(4.12)

This added mass is formulated for two-dimensional flow that happens in infinitely long
rotors. However as the L/D ratio decreases the axial flow along the rotor (z-axis) can
be present. The added mass for three-dimensional flow (M,34) for a confined rotor has
been formulated including the boundary conditions on the sides. For a rotor-casing
which has one open side and one closed side the added mass is given as [35]:

Masa= [ LR (1 RN, (113)

If both sides are open M,34 takes the form as:

L Lar?
Mysq = /0 L 5 P (tanh(L/ZT) - tanh(z/Qr))sinh(z/r) dz. (4.14)

The ¢34 for both cases is provided in Table 4.2 as a function of length/diameter [35].
The flow forces per unit length given in Eq. 4.5 are multiplied by the element length
and lumped into the nodes of each element in the confinement.
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Table 4.2: Correction factor for three-dimensional flow effects [35]

L/2r [ 01 [025][ 05 [ 1 | 2 [ 4 | 10 [0
One Side Closed

csq | 0.01]0.08 [0.23[0.51[0.75]0.87]0.95] 1
Both Sides Open

csq | 0.01]0.02 ]0.08]0.23[0.51]0.75]0.90] 1

The above formulations are used for friction coefficients in the turbulent regime [3, 30].
Brennen [14] states that this modeling approach could be extended by using the
analytical laminar friction coefficient for the calculation of flow forces in laminar flow
in which the inertia effects are significant. The analytical friction coefficient is given
by Brennen [14] for laminar flow:

12
Cfr =
! HQrp

(4.15)

Alternatively, there are some studies in the literature where friction is expressed as
a function of Reynolds number and geometrical properties using experimental data.
Bilgen et al. [12] have investigated friction coefficients for rotating cylinders having
different gap sizes. The results from different studies and their own results are fitted
into correlations covering four different regimes in laminar and turbulent flow:

(E)O‘B

Cy = 20T7€(5 (Reg < 64) (4.16)
()"
cp=4 et (64 < Res < 500) (4.17)
()"
cp=2.06 Fes (500 < Res < 10000) (4.18)
(E)O 3
cp = 0.135]%”672_2 (10000 < Res) (4.19)

Both friction factors, analytical (Eq. 4.15) and empirical (Eqns. 4.16, 4.17, 4.18)
are plotted for laminar flow for a gap ratio(H/r) of 1/50 in Fig. 4.4 as a function of
Couette-Reynolds number. For low Couette-Reynolds number the friction coeflicients
are equal. However as the Couette-Reynolds number increases the empirical friction
coeflicient becomes higher. This can be due to the complex flow effects which result in
considerable differences between the experimentally determined coefficients and the
analytical model. In this study both analytical and experimental friction coefficients
are used to determine the flow forces in laminar flow and to evaluate the suitability
of each friction modeling approach by comparing the expected stability bounds with
experimental data (see Chapter 7). For turbulent flow only the empirical friction
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Laminar friction coefficients as a function of Reynolds number
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Figure 4.4: Laminar friction coefficients

coefficients given in equations 4.18 and 4.19 are available and they are used for the
calculation of the flow-induced forces.

4.3 Conclusions

In this chapter the flow characteristics apparent in the casings of small scale rotating
machinery are outlined. The requirements for a flow force model to perform
rotordynamic analysis are explained. Due to high rotation speeds and high gap/radius
ratios, the inertia effects must be taken into account and both laminar and turbulent
flow must be covered. Both numerical and analytical studies are available in the
literature [3] for determining flow induced forces. A linearized fluid force model
derived analytically can be more easily implemented into the structural model and
would have less computational cost than numerical techniques (CFD, etc.). This
model was originally proposed for turbulent flow; however it can be extended to
include laminar flow with effective inertia by using friction coefficients for shear stress
in the laminar flow regime. The coupling of the flow forces with the structure is
described in Chapter 6. The experimental results and the comparison are presented
in Chapter 8.



Chapter 5

Thermal Model

5.1 Introduction

Microrotating machinery generally operate at high speed in order to satisfy the
design considerations. However, as the rotation speed increases, the heat generation
due to air friction is larger and therefore the temperature increase of air in the
gap between rotor and stator becomes more significant. Friction losses in the air
gap of a rotor stator system result from viscous flow. The air friction loss is
determined by the velocity field and the air properties. The fluid velocity field is
modeled with the Navier-Stokes and the continuity equations. These equations can
be solved analytically for simple geometries in laminar flow. However turbulent flow is
frequently observed in high-speed micro machinery, in which case these equations are
more difficult to solve. Therefore, semi-empirical friction constants are used generally
to describe the friction loss for turbulent flows (see Chapter 4 and Eq. 4.18- 4.19).

The temperature changes of the air in the gap between rotor and stator result in
changing air properties and consequently changing flow-induced forces. Therefore,
a thermal model is needed to determine these effects and it must be coupled with
the other multiphysical models for a detailed rotordynamics analysis. In our study
the thermal network method is chosen to determine the temperature change in a
cylindrical rotor stator system. This thermal network model was chosen owing to the
following advantages over other methods such as finite difference and finite element
methods [68]:

- Less computation time is required.
- Networks describing each component can be easily constructed and assembled.

Power loss equations can simply be implemented.

- Equations for convection heat transfer coefficients can be implemented.

33
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At first, the heat generation due to the air friction is calculated then the resistances
describing the rotor and the stator are constructed. A MATLAB based code has
been developed to solve the temperature of the air at each rotation speed. The
heat dissipation due to air friction will be calculated via empirical friction coefficients
which are functions of the Couette-Reynolds number and the Taylor number. Then
generated heat is applied to the node representing the air in the gap between rotor
and stator. In this way, the temperature of the air has been calculated at different
rotation speeds. The calculation of the air temperature in the gap by using the thermal
networks method is quite fast and as a result it can be coupled to multiphysical models
without causing excessive computations.

5.2 Air Friction and Heat Generation

Due to air friction, a significant amount of power is dissipated in the air gap between
the rotor and the stator at high speeds. Friction losses in the air gap of a rotor stator
system are caused by the viscous flow. The friction loss in the gap is determined by
the velocity field, the air properties and roughness of the confinement surfaces. The
friction loss of the rotating machine due to air friction is converted into heat. It is
important to estimate the air friction losses in order to determine the temperature
distribution in the machine and to design the rotor for maximum efficiency. The
relation between the shear stress and the friction coefficient is given in Eq. 4.4. The
heat generation Py can be calculated by multiplying the shear force with the surface
velocity. The heat generation depends on the rotor velocity, friction coefficient and
the surface roughness. The surface roughness of the rotor has a crucial effect on the
air friction loss. Therefore, a roughness coefficient k; is included in the equation for
heat generation in the air gap which is given as:

Py = kycpmpQPrtL (5.1)

where ¢y is the friction coeflicient, p is the density of the fluid in the gap and L is the
length of the rotor immersed in the fluid. The roughness coefficient is experimentally
determined and is 1.0 for smooth cylinders.

A great number of studies are available in the literature for the calculation of the
friction coefficient (cy) of a rotating cylinder. Saari [67] made a literature review
of friction losses and heat transfer between concentric cylinders in detail. One of
the initial studies concerning the friction loss of a rotating cylinder in free space
was made by Theodorsen and Regier [76]. In their study the relation between the
friction coefficient and the Reynolds number is investigated for both rough and smooth
cylinders. In other studies the friction torque between two concentric cylinders with
the inner cylinder rotating was measured. High Couette-Reynolds numbers(6 x 10%)
were achieved and the correlations for the friction coefficient were presented [68, 89].
Bilgen and Boulos [12] determined the correlations given in Eq. 4.16 to Eq. 4.19
as a function of Couette-Reynolds number for smooth concentric cylinders. These
correlations are determined by fitting the experimental data from the previous studies
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and their measurements. The experimental data include different gap ratios. The
largest deviation between the fitted friction coefficient and the experiments was
observed to be 10.4% [66]. In our study the friction models developed by Bilgen
and Boulos [12] have been used since they cover a large range and use the available
experimental data from previous research.

In addition to the radial friction loss both ends of the rotor have also friction losses.
The axial heat transfer from the rotor and shaft ends can be modeled by using
correlations for friction coefficients of rotating free disks (see next section) [66]. The
friction coefficients for a disk rotating in free space are given as [44]:

3.870

/= Tev® (Re, < 3 x 10°) (5.2)
0.146 5
where Re, is the tip Reynolds number:
9} 2
Re, = P
I

In our study, the rotor and stator surfaces are assumed to be smooth ignoring the
roughness effects on the friction. Eq. 4.16 to Eq. 4.19 are used to determine the heat
generation in the gap due to air friction for a simple rotor-stator system. The Couette-
Reynolds number is calculated at each rotation speed, then the friction coefficient and
heat generation in the gap due to air friction are computed. Eq. 5.2 and Eq. 5.3 are
used to calculate the axial heat transfer from the rotor to the ambient which will be
explained in the next section.

5.3 Thermal Networks

The thermal networks method is applied in this study due to its advantages over
other methods. Thermal networks have been widely applied for thermal analysis of
electrical machines. Perez and Kassakian [64] modeled each component of a high-
speed synchronous machine in terms of a thermal node that approximates the mean
temperature of the component. Mellor [54] et al. described a similar thermal model
for both steady-state and transient analysis. Kylander [46] presented a thermal model
for enclosed electric motors. The thermal network involves nodes describing the
mean temperature of each component and resistances between them. The following
assumptions are made to obtain the thermal resistances:

- The heat flow in the radial and axial directions are independent.

- A single mean temperature defines the heat flow both in the radial and axial
directions.
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- There is no circumferential heat flow.

- The thermal capacity and heat generation are uniformly distributed.

All the heat generation in a component is applied to the node describing this
component. Each component of the motor is modeled with independent axial and
radial thermal networks with the resistances for conductive and convective heat
flow. Fig. 5.1 illustrates independent axial and radial networks defined for a general
cylindrical component ( outer section has the radius 1 and inner section has 7).

T3 Ty
Ry, Ry,
Ts B Tn, Ts
R, Heat  R,,

T, 1>

Figure 5.1: Thermal networks for a cylindrical section [54]

T1 and T5 are radial surface temperatures, T3 and T4 are axial surface temperatures,
Ts and Ty are central nodes of each network and T, is the mean temperature of the
component. The central node of each network will give the mean temperature of the
component if there is no internal heat generation or storage [54].

The values of the thermal resistances in each network come directly from the
independent solutions of the heat conduction equation in the axial and radial
directions. These are given in terms of the dimensions of the cylinder and the axial
and radial thermal conductivities k, and k, by the following expressions [54]:

Ry, = 271'ka(rL%—7“§) (5.4)

Ryq = 27rlca(rL%—r%) (5.5)

Rsq = m (5.6)
2 r1

M= gtz o) o

Ry = Wlﬂr - ﬁgli(@) - 1} (5.8)

R3, = W [T% T% - W} (5.9)
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The cylinder can be used to model a solid rod, such as the rotor shaft, by evaluating
the above expressions for resistances with the radius ro = 0. If the temperatures on
the sides are the same, the resistance network for a symmetrical rotor takes the form
as shown in Fig. 5.2 [54].

R, R,

— _+—o—" 11—
T3 = T4 T1

Figure 5.2: The resistance network for symmetrical solid rod

The above equations (Eq. 5.4 to Eq. 5.9) consider the conductive resistances. However,
due to the interaction between the solid components (rotor, stator) and surrounding
air (air gap, ambient air on the sides of the rotor) convective heat transfer also occurs.
A single resistance can be used for modeling the heat transfer between the surrounding
air and the solid components. The thermal resistance in that case is given as:

Reoms = i (5.10)
where h is the convective heat transfer coefficient, A. is the surface area in contact
with the air. The conductive resistances in the structure are constant, however the
convective resistances between the air-rotor and air-stator surfaces change with the
rotation speed due to the changes of heat transfer coefficient h. The convective heat
transfer directions in the rotor-stator system are shown in Fig. 5.3. A literature

stator

air gap

‘l' rotor

ambient

Figure 5.3: The convective heat transfer directions

review on the heat transfer characteristics of rotating cylinders has been published
by Saari [66]. Suitable correlations for the calculation of the convective heat flow
coefficients for the rotor-air gap, stator-air gap and rotor ends-surrounding air are
reported. The convective heat transfer coefficient which is used for the calculation of
convective resistances in the air gap is given as [68]:

- 2kcondNu
B o

where Nu is the Nusselt number and k.onq is the thermal conductivity of the fluid.
The Nusselt number for tangential air flow between concentric cylinders is given by

h (5.11)
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Becker and Kaye [10] as a function of the Taylor number:

Nu =2 (Ta < 1700) (5.12)
Nu =0.128 x Ta®3%7 (1700 < Ta < 10%) (5.13)
Nu = 0.409 x Ta®?*"  (10* < Ta < 107) (5.14)

The axial heat transfer from the rotor ends to ambient can be modeled by the
equations for rotating disks. The Reynolds analogy is widely used in modeling. This
analogy assumes that the velocity and thermal boundary layers are similar to the one
at disk surface [66]. The correlation between the heat transfer coefficient and Nusselt
number for disks rotating in free space is given as:

kcondNu
r

h = (5.15)

where Nu is given as:
Nu = PrRe, <L (5.16)
2T

where ¢y is given in Eq. 5.2 and Eq. 5.3 and Pr is the Prandtl number given as
Pr = CP:‘ . The Nusselt number is approximately 40% of that of a free disk for a
gap ratio of 0.01 and 100% when it is 0.2 [44, 66].

In the current study, a MATLAB based code has been developed for the calculation
of air friction and temperature increase in the gap between rotor and casing. The
material properties, dimensions and rotation speed are inputs of the program. The
temperature of the air in the gap and the heat generation are given as the outputs of
the program. At each rotation speed the friction coefficients and heat dissipation in
the gap are calculated by using the Eq. 5.1, Eq. 4.16- Eq. 4.19. The rotor and stator
are modeled with the resistance networks and these networks are then assembled. The
air is modeled as a node in between the networks resembling the rotor and stator.
The heat dissipation due to friction is applied to this node. The complete network
is explained in App. B. The conductive resistances are calculated using material and
geometrical properties. The convective resistances are obtained from a convection
heat transfer coefficient given by equations 5.11-5.16 and geometrical properties.

The equations are obtained for the complete system and written in matrix form as in
Eq. 5.17 from which the temperature vector is solved:

T=R'P (5.17)

where R is the matrix of thermal conductances, P is the heat generation vector and
T is the temperature vector.

5.4 Conclusions

Since the micro rotating machinery operate mostly at high rotation speeds the heat
generation due to air friction is larger. Therefore the temperature increase of air in
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the gap between rotor and stator becomes significant. The changed temperature of
the air in the gap due to friction must be calculated to update the air properties.
The updated properties result in more accurate calculation of flow induced forces.
The thermal network method can be used to calculate the temperature change. This
method requires less computation time as compared to finite elements and finite
difference methods and can be easily coupled with other multiphysical models.






Chapter 6

Coupling the Physical Models

6.1 Introduction

In this chapter a model will be presented that takes multiphysical effects into
account in the prediction of the rotordynamic behavior of high-speed minirotating
machinery with a moderate flow confinement. Models for the temperature increase
in the confinement and the flow-induced forces resulting from the surrounding fluid
are combined with the structural finite element (FE) model for determining the
rotordynamic behavior of minirotating machinery accurately. The structure has
been analyzed via finite elements based on Timoshenko beam theory (Chapter 3).
The FE model has been developed for predicting the rotordynamic behavior of the
flexible rotor on flexible supports. Linearized flow-induced forces for a concentric
rotor (Chapter 4) are implemented to the structure as added mass-stiffness-damping
at each node representing the structure in the fluid confinement. As the rotation
speed increases the following become more important: the heat loss because of
friction and the subsequent temperature increase in the gap between rotor and casing.
Consequently, the change of air properties due to temperature increase in the gap
should be considered when calculating the flow-induced forces. A thermal model
based on thermal networks in steady state has been developed (Chapter 5). This
model is used to calculate the heat dissipation resulting from air friction and the
temperature increase in the air gap as a function of rotation speed. At each rotation
speed the temperature in the air gap between the rotor and the stationary casing is
computed and air properties (density and coefficient of friction), which are used for
the computation of flow-induced forces, are updated. In this way, the flow-induced
forces and the thermal effects in medium gap confinements are coupled with the
rotordynamic model (see Fig. 6.1) and their effects on stability, critical speeds and
vibration response are investigated.

41
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Jd T
=

Figure 6.1: Interaction between physical domains

6.2 Coupling Procedure

The fluid forces given in Eq. 4.5 per unit length for the concentric configuration can
be written in the following form:

Mg lly + Coply + Caylly + Kzgty + kgyty =0 (6.1)

Mapglly + Coplly — Coyly — kpyUy + kpgtty =0 (6.2)

By multiplying Eq. 6.2 with the imaginary number ¢ and summing up Eq. 6.1 and 6.2
we obtain:

Mgy (U +1lly ) + Cpp (Ug +i0y ) —iCay (U +10y ) +Epa (Ug Fity ) — Ky (up +iu,) =0 (6.3)

In this way equations for flow-induced forces can easily be converted to complex
coordinates and added to the structural formulation of Eq. 3.4. The flow forces per
unit length are multiplied with element length L and lumped to the nodes of each
element in the confinement as illustrated in Fig. 6.2. Eq. 6.3 only considers the
translational degrees of freedom as ¢ = [uy, + uy,,0]. Therefore flow-induced forces
are implemented into the elements of the mass, damping, stiffness and gyroscopic
matrices which correspond to the translational DOF. The mass m,, is added to the
mass matrix M, the damping c,,, to the damping matrix C = C,.4+C,, and the stiffness
kyz to the stiffness matrix K, the damping c,,, is assembled to the gyroscopic matrix
G and the stiffness k;, to the rotating damping matrix C,.

By using the developed thermal model the heat generation and air temperature
in the gap are obtained at each rotation speed. Rotor, stator and air properties
(density, viscosity, thermal conductivity, specific heat) at room temperature are used
to calculate the heat generation and the air gap temperature. This temperature is
used to update the friction coefficient and the air properties (density and viscosity)
which are required for the calculation of the flow-induced forces.

Finally, the flow-induced forces are implemented into the structural model. In this
way a coupled analysis of three physical domains is performed. The procedure for
the coupling of these domains is given in Fig. 6.3. Note that in this way some of
the relations between the physical domains as illustrated in Fig. 6.1 are ignored. It
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(6o

I

Flow Forces

Figure 6.2: Flow forces applied to structure model (up: rotor and casing, down:
meshed rotor with finite elements)

is assumed that the update of the friction coeflicient does not affect the computed
temperatures significantly. Consequently, an iterative approach for this analysis is
avoided.

Q Q
Thermal Flow
Model Toir ’ Model
Fluid
Forces
\ 4

Structural
Model

Figure 6.3: Coupling procedure

6.3 Analysis of the Coupled System

After coupling the influence of the multiphysical effects as described in the previous
section, the dynamic behavior of the system has been investigated. A parametrical
analysis has been carried out in order to find out the effect of fluid mass/rotor
mass ratio, damping, friction coefficient, etc. In Fig. 6.4 the change of the natural
frequencies and decay rates with speed is outlined for the first three eigenvalues of
the rotor with the specifications given in Table 6.1. The reduced natural frequencies
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(w = w/wy) and the decay rate, (¢ = o/01) are plotted as a function of reduced
rotation speed (2 = Q/wy), where w; is the first rigid body mode natural frequency
at standstill and o7 is the corresponding decay rate.

Table 6.1: System Specifications

Geometric and Material Specifications

Rotor Length (mm) 200
Rotor Radius (mm) 10
Modulus of Elasticity (GPa) 205
Shear Modulus (GPa) 79.3
Density (kg/m?) 7800
Support Stiffness (N/m) 2x10°
First Eigenvalue 2.5
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Figure 6.4: First three natural frequencies and decay rates
The first rigid body mode natural frequency resulting from the stiffness of the

flexible support is affected most by multiphysical effects and the structure tends to
become unstable at higher rotation speeds. Mini rotors mostly have flexible supports,
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therefore resulting in low natural frequencies. High-speed rotating mini machinery
generally works at much higher rotational speeds beyond the first rigid body mode
critical speed. Therefore the influence of different parameters such as support damping
ratio, mass ratio (fluid mass/rotor mass) and friction coefficients are examined for a
fully confined rotor running at high speeds. The influence of the mass ratio on the
first natural frequency and decay rate is illustrated in Fig. 6.5. The mass ratio (fluid
mass/rotor mass) has a profound effect on the natural frequency and the onset of
instability. The high-speed mini rotating machinery generally operates at much higher
speeds than the first rigid body critical speed. Therefore the change in first natural
frequency at higher speeds is not significant since the related critical speed has already
been passed. However, stable operation ranges should be accurately determined in
order to prevent failures. The mass ratio has significant influence on the stability of
the system as shown in Fig. 6.5.
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Figure 6.5: Change of first natural frequency and decay rate with different mass ratios

Another parameter affecting the dynamics of the structure is the support damping
ratio. The flow in the casing leads to both rotating and non-rotating damping. The
flow-induced forces have also components that contribute to the rotational damping
matrix C, as explained in the previous section, resulting in self-excited vibrations.
If the support damping is not enough, the system may easily become unstable and
catastrophic failure may happen. The change of the first natural frequency and the
decay rate with different support damping ratios is presented in Fig. 6.6. The support
damping ratio does not affect the natural frequency, however, it has large influence
on the stability of the system. The onset of instability changes from a reduced speed
of 16 to 22 and 31 for damping ratios of 0.02, 0.04, 0.1 respectively.

Another important parameter influencing the dynamics of the system is the friction
coefficient. The dynamic properties with different friction coefficients are shown in
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Fig. 6.7. The friction coefficients are chosen as 0.004 and 0.008 since similar values
are used in the literature [3] as realistic predictions. The friction coefficient also has a
slight effect on the natural frequency but it has an important effect on the stability of
the system. Therefore accurate friction coefficients should be estimated for predicting
the stable operation speeds. The developed model enables calculation of the friction
coefficients at different rotation speeds and also with changing air properties due
to thermal effects. The influence of the change of temperature in the air gap on the
dynamics of the structure is shown in Fig. 6.8. The natural frequencies and decay rates
are calculated for temperature changes of 0°, 20° and 50°. The onset of instability
varies around 4 % between constant temperature and 50° of change. Finally, the
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structure

effect of the air gap length on stability has been examined as shown in Fig. 6.9. As
the air gap length increases, the onset of instability changes drastically. Instability
does not occur without a gap (6 — oo ).
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Figure 6.9: The effect of air gap on stability

6.4 Discussion and Conclusion

This chapter describes a method to add the flow-induced forces to the structural
finite element model. In addition, a thermal model is used to include the changing
flow properties due to temperature change.
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Structural, fluid and thermal models have been developed by using FEM, linearized
flow forces and thermal networks, respectively. Then these models have been coupled
and an analysis of the structure has been performed with dimensionless parameters
such as mass ratio, support damping ratio and air friction coefficient in order to
determine the parameters influencing the dynamics of high-speed rotors. The analysis
has been done by assigning values to these parameters in order to find out the effect
of each variable disregarding its dependency on other parameters. The results are
plotted as reduced speed, reduced damping and reduced natural frequency. The mass
ratio (fluid mass/ rotor mass) has been observed to greatly affect the first natural
frequency as well as the onset of instability. High-speed mini rotors with flexible
supports (support stiffness is much less than the stiffness of the rotor itself), generally
operate at speeds much higher than the first rigid body mode critical speed, which
means that stable operation at high speeds is an important issue. The flow forces
incorporate both rotating and non-rotating damping which may result in stability
problems depending on the amount of support damping. Different support damping
ratios have been analyzed and appeared to have a strong effect on the stability of the
rotor. Finally, the effect of the fluid friction coefficient on the rotordynamics has been
examined. The friction coefficients are also observed to have very strong influence on
the stability of the structure.

In conclusion, the analysis from the developed modeling approach reveals that the
flow in moderate air gaps of minirotating machinery results in stability problems due
to rotating damping. This has to be validated in an experimental setup. Design and
construction of an experimental set up, experimental results and comparison with the
theory will be presented in the upcoming chapters.



Chapter 7

Design of the Experimental
Setup

7.1 Introduction

In the previous chapters different models have been outlined for multiphysical effects
that are relevant in rotating machinery on a small scale and a coupling method has
been explained. In order to test the developed multiphysical rotordynamics analysis
approach (see Chapter 6) an experimental setup is required. This chapter identifies
the design requirements and design process of the experimental setup for the analysis
of the dynamic behavior. The effect of different geometrical parameters such as the
diameter, length, maximum rotation speed, etc. on the rotordynamic behavior will be
examined. The design decisions based on these results as well as on the availability,
simplicity and applicability of each component will be discussed in detail.

7.2 Analysis of the Rotor Parameters

The multiphysical effects on the dynamics of the rotor are investigated for different
geometries, various gap sizes and different support stiffnesses to determine the design
parameters. The design parameters should be selected such that the multiphysical
effects (previous chapters) indeed play a role and hence can be measured (see also
Sec. 7.4). Microrotating machinery has mostly small shaft diameters (5-10 mm) and
high speeds (100 000-300 000 rpm). However similar flow conditions occur at low
speeds with larger rotor diameters. To demonstrate the effect of a single parameter
clearly the other parameters are kept constant. Therefore an initial geometry, support
stiffness, speed and clearance are used in the simulations as shown in Table 7.1 and
Fig. 7.1. The geometrical parameters are determined in order to investigate whether
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the multiphysical effects are visible at lower speeds. The damping ratio is assumed
to be 1 % which is a reasonable value for steel components.

Table 7.1: Initial system parameters

Rotation Speed () | 50 000 | rpm
Clearance (H) 0.5 mm
Disk Diameter (D,) 40 mm
Disk Width (L) 30 | mm
Diameter-Near Disk 15 mm
Diameter-Shaft (D) 6 mm
Near Disk Length 10 mm
Total Length (Lt) 150 mm
Support Stiffness (k) | 10° | N/m
Damping (c) 1 %

Casing
Disk Diameter

Diameter near disk
Diameter shaft

T i

Clearance «—

|
i )

J—

—1

Disk Width

Total Length

Figure 7.1: Rotor parameters

7.2.1 Rotation Speed

The simulation results with and without casing are compared to observe the flow-
induced effects on the dynamic behavior. The simulations are performed in a range
of rotation speeds, 2. It is observed that only the first natural frequency changes
significantly in the case of air gap. The flow-induced effects become more important
with increasing rotation speed (£2). A summary of these results is listed in Table 7.2.
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Table 7.2: First natural frequency at different rotation speeds

Rotation Speed | rpm | 1000 | 30 000 | 50 000 | 60 000 | 80 000 | 100 000
without air rad/s | 692.1 | 692.1 692.1 692.1 692.1 692.1
with air rad/s | 692.0 | 690.0 682.1 676.0 659.2 636.3
difference % 0.01 0.30 1.45 2.32 4.75 8.06

7.2.2 Clearance

The clearance between the casing and the rotor affects the flow-induced forces.
Therefore the size of the gap is significant for the rotordynamic behavior. Simulations
have been performed for three different clearances. The onset of instability and the
first natural frequencies are listed in Table 7.3. The difference with respect to the
situation without casing is also presented.

Table 7.3: Natural frequencies at 50 000 rpm and onset of instability

Clearance [mm] | 0.25 0.50 0.75

Gap Ratio (H/r) - 1/80 1/40 3/80

First Natural Frequency rad/s | 671.8 682.1 685.0

Difference between without casing % 2.93 1.44 1.02
Onset of Instability rpm | 28 800 62 000 102 100

As the clearance decreases the flow-induced effects become more important. The
natural frequencies do not change significantly. However, the onset of instability
changes drastically.

7.2.3 Disk Diameter

The disk diameter Dy is another important design parameter. It has a significant
contribution on the disk surface velocity and thus on the flow-induced forces and the
flow regime. The simulation results for different disk diameters are given in Table 7.4.

As the diameter increases the surface velocity increases linearly and the flow-induced
effects become more dominant. The decay rate graphs are given in Fig. 7.2 for D; =30
and 60 mm, respectively. As the decay rate becomes negative self-excited vibrations
occur and the system becomes unstable.



52

Table 7.4: Natural frequencies at 50 000 rpm and onset of instability for different disk

diameters

Diameter [mm] 30 40 50 60
Gap Ratio(H/r) - 1/30 1/40 1/50 1/60
First Natural Frequency rad/s 873.3 682.1 549.4 450.7
Difference between without casing % 0.55 1.44 3.21 6.05
Onset of Instability rpm | 106 600 62 000 40 300 28 700

Decay Rate

4 6 8
Rotation Speed (rpm)

10 12

Figure 7.2: Decay rates for disk diameter of 60 mm and 30 mm

7.2.4 Disk Width

The Disk Width, L is also an important design parameter. It alters the mass of the
rotor and consequently the natural frequencies. Besides, it is confined in the casing
and it determines the surface area of the rotor under the influence of fluid. Simulations
are performed for different lengths and the results are shown in Table 7.5.

Table 7.5: Natural frequencies at 50 000 rpm and onset of instability for different disk

lengths

Disk Width [mm] 10 20 30 40
First Natural Frequency rad/s | 1064.0 815.2 682.1 595.3
Onmnset of Instability rpm - 93 700 62 000 48 600
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7.2.5 Support Stiffness

The support stiffness determines the critical speeds and the mode shapes. In Table 7.6
the first three critical speeds till 200 000 rpm are given for different support stiffnesses.
In Fig. 7.3 the mode shapes corresponding to the first natural frequency are given for
different support stiffnesses. The horizontal axis shows the length of the shaft and
the vertical axis shows the displacement normalized with respect to the displacement
of first node.

Table 7.6: The critical speeds for different support stiffness

Stiffness [N/m] 10° 10° 107
First Critical Speed rpm 6 400 12 700 14 800
Second Critical Speed rpm 38 300 104 900 152 400
Third Critical Speed rpm | 121 800 196 000 Above 200 000

" 105
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Figure 7.3: Mode shapes for the first natural frequency at different support stiffnesses

The support stiffness changes the mode shapes and the critical speeds drastically.
The mode shapes show that the deformation of the shaft is considerable for support
stiffnesses of 10° and 10” N/m. In addition, the second and third critical speed
changes significantly (Table 7.6).
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7.3 Temperature Increase and Friction Torque

The air in the gap results in friction losses as explained in the previous chapters.
The amount of power loss and torque due to air friction should be known in advance
in order to select the motor which can reach the desired operation speeds. The air
friction loss due to the shaft itself is much lower compared to the disk, since the shaft
diameter is much smaller. For different disk diameters, disk widths, spin speeds and
air gaps, the air gap temperature, power loss and friction torque are calculated. For
an initial geometry (Table 7.1) these results are listed in Table 7.7. The maximum
rotation speed and the disk diameter have the largest effect on the friction torque.

Table 7.7: System Parameters and Friction Torque

Disk Diameter mm 10 20 30 40 50 60
Temperature K 293.2 | 293.8 | 294.8 | 295.7 | 297.1 | 299.7
Torque mNm 0.02 0.16 0.56 1.42 291 5.21
Disk Width mm 10 20 30 40 50 60
Temperature K 295.7 | 295.7 | 295.7 | 295.7 | 295.7 | 295.7
Torque mNm 0.47 | 0.95 1.42 1.90 2.37 2.85
Rotation Speed Krpm 20 40 50 60 80 100
Temperature K 293.4 | 294.7 | 295.7 | 296.9 | 300.2 | 304.6
Torque mNm | 0.36 | 1.02 1.42 1.88 2.88 4.03
Clearance mm 0.20 | 0.25 | 0.30 | 0.40 | 0.50 | 0.60
Temperature K 295.7 | 295.7 | 295.7 | 295.7 | 295.7 | 295.7
Torque mNm 1.71 1.63 1.58 1.49 1.42 1.37

7.4 Design Process

7.4.1 Requirements

The aim of this study is to design an experimental setup in which the multiphysical
effects on the dynamics of the microrotating machinery can be investigated. The
onset of instability resulting from the surrounding fluid should be measured in the
operation range. The design criteria have been determined by considering the analysis
in the previous section. The requirements for each parameter are listed below:

e Rotation Speed (£2): Must be high enough to observe instability. Besides, the
maximum rotation speed should be in the operation range of the motor.

e Gap Size (H): Must be determined such that the gap ratio (H/r) is different from
the gap ratios present in bearings and seals. Flow-induced instability should be
measurable in the operation range (Table 7.3).
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e Disk Diameter (Dg): Must be determined to result in similar flow conditions
as the microrotating applications in the literature. Besides, the disk diameter
should be selected such that the instability can be observed in the operation
range (Table 7.4).

e Disk Width (L): The disk width must be selected such that the air friction
torque is low but still the multiphysical effects are observable.

e Shaft Diameter (Ds): Must be small such that the flexural mode natural
frequency can be measured.

e Rotor Length (Lt): Must be determined such that the air friction torque is
negligible but still the modeled multiphysical effects can be measurable.

e Support Stiffness (k): Most of the applications in the literature use air bearings
or magnetic bearings with low support stiffness. The support structure must be
designed to have similar support properties to mimic these applications and to
enable the measurement of instability in the operation range.

Studying the temperature increase in the air gap is not a design criterion because
from the previous analysis (Table 7.7) it can be seen that the increase in temperature
cannot be easily observed with a feasible design. Besides, accurate measurements of
air temperature could be quite difficult. The high rotation speeds, the complex flow
and the small gap prevent locating a sensor for temperature measurement. Therefore
the thermal model has been verified by comparing it with results obtained from a
CFD model [18](See Chapter 8).

7.4.2 Component Design
Motor

There are different ways to drive the rotor. A pelton impulse turbine has been used
in the preliminary design of microturbines. High rotation speeds (160 000 rpm) and
driving torques can be achieved [61]. However, the design and manufacturing of blades
are complex and require a long design process.

Another option is to use a permanent magnet motor. This motor consists of magnets
attached to the rotor and a stator made of windings reaching high speeds of 170
000 rpm. Only the stator and permanent magnets are commercially available in the
market, from which the complete motor should be built by the client. Furthermore,
this choice results in long delivery time.

The third option is to use a brushless motor. This is a complete motor with an output
shaft and makes use of windings and magnets. A disadvantage of this motor is the
lower maximum speed, which is limited by the bearings in the motor. In addition a
coupling is needed to connect the output shaft to the rotor. This option has been
selected since it is available in the market and simple to be implemented into the



56

experimental setup. A speed of 50 000 rpm is enough to observe the multiphysical
effects provided the disk diameter is increased as seen in Table 7.4. This enables
similar flow conditions as exist in smaller micromachinery with higher rotation speeds.
In addition, in Table 7.2 it is observed that the change in natural frequency is not
significant even at a speed of 100 000 rpm and the unstable operation can happen
before reaching this speed. Therefore it was decided to use a motor with a maximum
operation speed of 50 000 rpm and to adjust the disk diameter, Dy, the clearance and
the other parameters analyzed in section 7.2 so that the onset of instability can be
determined.

A Maxon EC 22 motor has been used for the current application. The EC 22 motor
has three hall sensors to locate the orientation of the output shaft. The hall sensors
provide information about the rotation speed. This information is sent to an amplifier.
This unit also controls the speed, acceleration and direction of the motor. The motor
is clamped on an aluminum block.

Rotor

The dimensions of the rotor have been determined so that the critical speeds and the
unstable operation can be observed within the operation range. The final geometry
is shown in Fig. 7.4 and the properties are given in Table 7.8.
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Figure 7.4: The dimensions of the rotor

Table 7.8: Specifications of the experimental setup

l Parameter ‘
Rotor Material Steel (DIN 1.2510)
Rotor Length L (mm) 195
Maximum Rotor Radius r (mm) 25
Annular Gap H (mm) 0.5
Gap Ratio ¢ 1/50
Modulus of Elasticity E (GPa) 205
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A disk diameter of 50 mm results in significant flow-induced effects as can be seen in
Table 7.4. A larger diameter would be even more significant, but it would increase
the amount of torque required for the motor. The total length of the rotor is 195 mm
with a nominal shaft diameter of 7 mm. The length of the disk has been determined
to be 30 mm. In that case the multiphysical effects are significant. Making the disk
width longer increases the multiphysical effects only slightly (see Table 7.5), while it
results in more friction torque. Because of the large difference in diameter between
the shaft and the disk, the diameter of the rotor is locally increased to 20 mm near
the disk. This results in lower stresses in the rotor. The diameter of the shaft at
the bearing locations is 5 mm in order to mount the bearings. An M4 nut locks
the other side of the inner ring. The right side of the rotor has an additional part
with a diameter of 3 mm to mount the coupling. The tolerances on the bearing seats
are based on the information provided by the bearing company. The rotor has been
manufactured with strict tolerances and from one piece in order to reduce eccentricity
and unbalance. High performance steel DIN 1.2510, hardened at 50 HR is used in
order to achieve better surface quality and to increase the yield strength.

Bearing

Due to high rotation speeds and friction losses, contactless (air or magnetic)
bearings [50, 86] or special ball bearings are used for the high-speed minirotating
machinery [91]. Aerostatic, aerodynamic and air foil bearings rely on external pressure
or rotor rotation. The operation is contactless and the amount of friction loss is less
than the traditional levitation systems. However they are not commercially available
and they require detailed, complex analysis to design and manufacture. Magnetic
bearings use magnetic forces to levitate the rotor. They have the same advantages
as the gas bearings, but they require sensors and control units. Besides they are not
commercially available for standard solutions. High-speed ball bearings are available
commercially at small size. They are robust and do not require extra equipment.
More friction than contactless bearings and limited operation temperatures are the
main disadvantages. However, due to robustness, availability in the market, simplicity
of mounting and operating at high speed, angular contact ball bearings are selected
for this experimental setup. Angular contact bearings are also capable of supporting
the axial loads. In this study, the GMN S625 C TA bearings are used which enable
safe operation above 100 000 rpm. This bearing consists of balls made from chrome
steel, an inner ring with two shoulders, an outer ring with one shoulder and a cage
made from textile-reinforced phenolic resin between these two rings.

Coupling

A coupling is needed to connect the motor to the rotor. This coupling should be
flexible, otherwise the vibrations will be transmitted to the motor and vice-versa
then the motor could be damaged. The torque delivered by the motor has to be
transferred to the rotor by using the coupling. Therefore the coupling is stiff in the
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rotating axis and flexible in the radial axes. The coupling KTR Rotex GS 5 is used
to connect the motor to the rotor. The coupling consists of three parts: two metal
hubs and a flexible plastic spider in between. The coupling is illustrated in Fig. 7.5.

metal hubs

\ —

T spider
Figure 7.5: The coupling

One hub is connected to the motor and the other to the rotor. This can be done by
gluing or clamping with a bolt. Gluing is a better solution, since the bolt introduces
an extra unbalance. The choice of the spider is also important, because a more flexible
spider can absorb more axial, angular and radial misalignment but can handle less
torque. The most flexible spider can handle 300 mNm, which is much higher than
the driving torque at maximum speed (15 mNm).

Flexible Support

As explained before most of the high-speed microrotating machinery has contactless
bearings which have lower support stiffness compared to conventional supports.
Besides, from the previous analysis it has been observed that the support stiffness
should be in the order of 105 N/m in order to observe the multiphysical effects.
The radial stiffness of the ball bearings is around 107 — 10® N/m. Therefore, an
extra support system is required to decrease the support stiffness of the rotor. This
is achieved with a flexible support between the bearing and the fixed frame. The
support structure must be radially isotropic and axial movement must be prevented.
This flexible support can be made of beams or leaf springs. The stiffness of this bearing
support can be changed by elongating these beams or leaf springs. Another solution is
to use flexible rings between the bearing and the bearing housing [77]. However these
rings are made of plastic or rubber and are not available on the market. Besides, it is
difficult to manufacture isotropic rings. Furthermore, for each new experiment these
rings should be replaced by rings with a different stiffness and the whole setup should
be aligned again in order to perform experiments with different support stiffnesses. A
different solution to decrease the stiffness is hanging the bearings on springs. However,
the springs can easily bend and the bearing housing can tilt resulting in alignment
problems and extra friction.

Finally, a robust support which provides isotropic radial stiffness has been designed.
The flexible support includes three support beams, a support disk in which the
bearings are located and two brackets as shown in Fig. 7.6. The supporting bracket
can be moved to another position thus changing the beam length. In this way the
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support stiffness, which changes the rotordynamic behavior, can be adjusted. The
aligning bracket avoids alignment problems during this process. An ANSYS model
has been developed to determine the stiffness and the support beam lengths are
determined accordingly. The supports are modeled by structural solid elements: Solid
92. The stiffness results obtained from the finite element analysis are provided in
Table 7.9. The evaluation of the support stiffness and different equivalent support

models are explained in the following chapter in more detail.

Aligning
Bracket

Supporting

Bracket

/

=

Beams

Figure 7.6: Flexible supports

Figure 7.7: ANSYS model of the support

Table 7.9: Support stiffness for different beam lengths

Beam Length (mm)

72 mm

80 mm

90 mm

Stiffness (N/m)

7.03 x 10%

5.16 x 10%

3.36 x 10*




60

7.5 Evaluation of the Design

7.5.1 Comparison with Applications from the Literature

The final design of the setup is shown in Fig. 7.8 [19]. The maximum operation
speed is 50 000 rpm. The reduced natural frequency and reduced decay rate are
calculated for the experimental setup. They are compared with the ones from a
microgenerator [91] from the literature. The microgenerator has a length of 55 mm,
diameter of 6 mm and maximum operation speed of 500 000 rpm [91]. Since the
support stiffness of the microgenerator is unknown, different support stiffnesses are
assumed in the simulations. For the experimental setup the beam length of 90 mm
has been chosen in the simulations. In all simulations the same damping ratio of 1 %
is used.

1 Left aligning bracket 6 Right bearing support
2 Left supporting bracket 7 Flexible coupling

3 Left bearing support 8 Motor Holder

4 Rotor 9 Motor

10 Right supporting bracket
11 Right aligning bracket §

5 Casing

Figure 7.8: The complete experimental setup

The reduced natural frequency (0 = w/w1) and the reduced decay rate (6 = o/01) are
plotted in Fig. 7.9 and Fig. 7.10 as functions of the reduced rotation speed (Q = Q/w;),
where wy is the first rigid body mode natural frequency at standstill and oy is the
corresponding decay rate.

As can be seen from Fig. 7.9 and Fig. 7.10 , the support has significant effect on
the first natural frequency and the stability of the rotor. Depending on these values
similar reduced velocities and dynamic behavior (reduced natural frequency and decay
rate) can be observed in both the designed setup and the microgenerator which
is an example of microrotating machinery with high rotation speeds and low shaft
diameters.

7.6 Conclusions

An experimental setup has been designed to validate the developed modeling approach
for investigating multiphysical effects on the dynamics of mini rotors.
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stiffness: 1x10* N/m

The multiphysical effects should be present in the operation range and the designed
setup should represent similar operating conditions (surface velocity, flow type) as
the other minirotating machinery. The design criteria have been determined and
the construction of the experimental setup has been realized. Simulations revealed
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that the experimental setup is capable of imitating the dynamic behavior in other
applications with higher rotation speed and smaller diameter. The results of the
experiments conducted on the designed setup are explained in the next chapter.



Chapter 8

Validation of the Developed
Modeling Approach

8.1 Introduction

In the previous chapter, the design process of an experimental setup for testing the
developed physical models was explained. In the foregoing analysis the surrounding
air between the rotor and the casing appeared to affect the dynamic behavior of the
high-speed mini rotors significantly. Especially unstable operation at high speeds
may happen, which results in catastrophic failure (Chapter 6) . Therefore the
rotordynamic behavior should be tested in order to investigate the multiphysical
effects and the applicability of the developed models. This chapter covers the
validation of the structural model and flow-force model via experiments with and
without confined rotor.

There are scarce results in the literature for testing the dynamic behavior of high-
speed mini rotors under the influence of other physical phenomena. However, some
experimental studies are available for larger systems. Antunes et al. [4] presented
experimental results for systems with a medium air gap thickness between rotor and
casing on a test model at low spinning velocities, for various values of the immersed
shaft length. Grunenwald et al. [36] performed similar experiments using different
fluids with a large range of fluid viscosity. In another study concentric and eccentric
configurations were studied [37]. Experiments are done to determine the natural
frequencies and the onset of instability. The experimental and theoretical results
agree fairly well. These studies report rigid rotor formulation, highly viscous fluids
as compared to air and relatively low rotation speeds (2000 rpm).

Rotating machines on a small scale operate at much higher velocities than the rigid
body mode critical speed and generally also beyond the first flexural mode critical
speed. These speeds result in stability problems even with low viscous fluids.
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Therefore, in the current study, the dynamic properties and stable operation regimes
of a mini rotor confined in air are tested at different support stiffnesses and
compared with the theoretical results obtained using the developed modeling approach
(Chapters 3-6).

At first a modal analysis of the rotor is done in free-free conditions in order to test the
capability of the rotordynamic model without the supports and multiphysical effects.
Then modal analysis of the whole structure is done at standstill and during operation
in the absence of the casing. In this way, multiphysical effects are eliminated and only
support effects on the dynamics of the structure are observed. The supports appear
to have a significant effect on the natural frequencies of the flexural modes of the
system. Different support modeling techniques are studied and adequate equivalent
models are obtained. Simple support models consisting of mass-spring systems are
extracted from a modal analysis of the isolated support and by applying static loads
to the finite element model of the supports. These models are then implemented into
the structural model of the rotor. An experimental modal analysis of the rotor is
performed with different support beam lengths. The experimental and theoretical
results have been compared and an adequate support modeling approach has been
examined.

Finally, multiphysical effects are tested at different speeds with different support
stiffness. Experiments are performed with and without the casing to determine the
change of the natural frequencies and onset of instability.

Different support damping has been observed with and without the shaker. Instability
has been experimentally observed for both laminar and turbulent flow regime. For
turbulent flow only empirical friction coefficients are available. For laminar flow, both
empirical and analytical friction coefficients can be used (see chapter 4). By comparing
the experiments with the theoretical models, the applicability of the different friction
models in laminar flow has also been examined.

As was seen in sections 7.3 and 7.4 the thermal model cannot be validated by
experiments on a feasible design. Therefore more complicated modeling techniques
are used and compared with thermal networks. The rotor, the stator and the air gap
are also modeled by using computational fluid dynamics (CFD) and FEM with CFX
and ANSYS respectively. The results have been compared and the capability of the
thermal networks method to calculate the temperature of the air between the rotor
and stator of a high-speed mini rotor has been discussed.

8.2 Experiments

8.2.1 Instrumentation

The measurement setup is illustrated in Fig. 8.1. Two B&K 4374 accelerometers and a
Polytec OFV 505 Laser Doppler Vibrometer (LDV) are used to measure the vibration
of the rotor and the supports. The accelerometers are mounted on the non-rotating
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support disks in which the bearings have been mounted. The LDV is directed to the
rotor surface. Random noise excitation is provided by a B&K 4810 electromechanical
shaker. The excitation forces of both impact hammer and shaker are measured by
using a B&K 8203 force transducer. A B&K Nexus conditioning amplifier and a B&K
2706 power amplifier are used to amplify the analogue signal from the transducers.
A Siglab 4-channel 2042 digital signal processor is used for acquisition of the data
and to generate the shaker signal. Postprocessing of the data is performed by modal
analysis software: Siglab 3.28 and Matlab 6.5.

Computer

[]

Conditioning : &

Signal Processor

Amplifier
LDV]
Shaker D Accelerometer
{—| [—43¢k
- L]

Figure 8.1: Measurement setup

8.2.2 Experimental Procedure

The experimental procedure and the aim of experiments at each step are illustrated
in Fig. 8.2.

L'l modal analysis of structural model
free rotor validation
) . .
modal analysis of extraction of
. e
isolated support keq and ceq

3 | modal analysis of multiphysical

complete setup model validation

Figure 8.2: Experimental procedure
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At first a modal analysis of the rotor in free-free condition has been performed. This
is accomplished by mounting the rotor in flexible cords. The experimental results
have been compared with the theoretical results in order to validate the structural
model. Then modal analysis of the isolated support has been realized in order to
determine the dynamic characteristics of the supports. The equivalent stiffness (keq)
and damping (c.,) can be extracted from these results and these properties of the
supports can be implemented in the structural rotor model. Finally, modal analysis
of the complete system has been done at different rotation speeds to investigate the
speed-dependent dynamic characteristics and the effect of the surrounding fluid in
the gap between rotor and casing on the critical speeds. Spectrum measurements
at different speeds have been done and spectrum maps have been plotted in order
to determine the onset of instability. When plotting the spectrum maps, rotational
speeds are varied in steps of 100 rpm and the velocity of the rotor surface is measured.
The experimental results and comparison with the theory are presented in detail in
the following sections.

8.3 Results

8.3.1 Modal Analysis of the Free Rotor

As explained in the previous section, first the dynamic characteristics of the rotor are
determined and compared with the theoretical results of the structural rotor model.
In this way, the structural model is validated. The rotor is mounted by elastic cords
as can be seen in Fig. 8.3.

Figure 8.3: Modal analysis of the free rotor

The excitation is provided by a shaker and the responses are measured with the
LDV. Being contactless, the added mass effect from sensors is avoided. The LDV
is commonly used for vibration measurements of rotating machinery [65]. The
theory, application and related problems are discussed by Bell et al. [11] in detail.
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Measurements are performed at different points and similar frequency response
functions (FRF) are obtained. The FRF of the free rotor at halfspan is given in
Fig. 8.4.
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Figure 8.4: Frequency response function of the free rotor

8.3.2 Modal Analysis of the Isolated Support

The experimental setup has flexible supports each consisting of three thin beams, two
brackets and a support disk in which the ball bearing has been mounted (Section 7.4.2
and Fig. 7.6). Experimental modal analysis of the isolated support is performed in
order to determine the dynamic behavior and an equivalent stiffness and damping
model for the support (Fig. 8.5). A shaker is used as an actuator and the experiments
are done both with orthogonally placed accelerometers and an LDV. The stiffness of
the support is adjusted by changing the length of the beams. Therefore the modal
analysis is done for varying beam lengths and the results are presented in Fig. 8.6.

It is observed that the beam length has a significant effect on the support dynamics.
As seen in Fig. 8.6, the natural frequency varies from 126 Hz for 60 mm to 84 Hz for
80 mm.

8.3.3 Modal Analysis of the Total System at Standstill

The modal analysis of the complete system with different beam lengths has been
performed at standstill to obtain the dynamic behavior of the complete system
(Fig. 8.8). Random excitation is provided by the shaker mounted on the support.
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Figure 8.6: FRF's of the support with different beam lengths

The response is measured by the accelerometers mounted on the supports and the
LDV directed towards the rotor surface. At first the motor is uncoupled and the
supporting bracket moved to the support disk making the supports rigid. In this way
only the flexibility of the ball bearings are effective and they can be determined (see
Sec. 8.3.4). The related FRF is shown in Fig. 8.7. There is a small peak near to
the second peak as seen in the figure. This may have resulted from slight differences
between supports such as beam lengths or anisotropy of the bearings due to wear and
corrosion.

Afterwards, the motor is mounted and the experiments are repeated at standstill for
support beam lengths of 72 mm, 80 mm and 90 mm, respectively. The FRF results
for these three configurations are given in Fig. 8.9.
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Figure 8.7: FRF of the rotor with rigid supports

Figure 8.8: Experimental modal analysis of the complete system
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Figure 8.9: Modal analysis results with different beam lengths
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The natural frequencies of the rotor at different support beam lengths are summarized
in Table 8.1.

Table 8.1: Summary of the natural frequencies for different configurations

l Beam Length: ‘ 72 mm ‘ 80 mm ‘ 90 mm ‘
1°" Rigid body | 57.2 Hz | 50.6 Hz | 43.7 Hz
2" Rigid body | 113.4 Hz | 102.2 Hz | 84.0 Hz

1°* Flexural 327.2 Hz | 320.7 Hz | 311.6 Hz

When the rotor is much stiffer than the supports, some modes exist in which the
deformation of the rotor is very small compared with that of the supports. These are
known as rigid body modes. The higher order modes which involve the deformation
of both rotor and supports are defined as flexural modes [32].

Changing the beam length results in a substantial change of the dynamics of the
structure. Not only rigid body mode natural frequencies change, but also the natural
frequency belonging to the first flexural mode of the whole setup changes by altering
the beam length.

In order to observe the effect of coupling between the motor and rotor shaft on the
dynamics of the rotor, modal analysis of the setup is performed with and without the
coupling. The results for a support beam length of 72 mm are given in Table 8.2.

Table 8.2: Modal analysis results with and without coupling

l ‘ with coupling ‘ without coupling ‘

1°% Rigid Body Natural Frequency 57.2 Hz 56.9 Hz
2"? Rigid Body Natural Frequency 113.4 Hz 110.9 Hz
1% Flexural Natural Frequency 327.2 Hz 325.1 Hz

The coupling affects the dynamics of the structure only slightly. Therefore the
coupling is considered to be flexible enough and is not included in the models.

8.3.4 Modeling the rotor and flexible supports

The structural FEM simulations of the free-free rotor are performed with a different
number of elements (29 and 48) for the free rotor. The first two natural frequencies
are given in Table 8.3 and compared with the experimental results. The results are
almost the same for both small and large models, so a small model is appropriate and
will be used. The theoretical model estimates the first natural frequency with 0.22
% difference and the second one with 0.87 % when compared to experimental results.
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Table 8.3: First two natural frequencies: theoretical and experimental results
l Number of Elements | Small Model | Large Model [ Experiments
Rotation Speed Standstill | 100 000 rpm | Standstill | 100 000 rpm Standstill
15 Natural frequency 1097.4 Hz 1103.6 Hz 1097.5 Hz 1103.6 Hz 1100.6 Hz
274 Natural frequency 1487 Hz 2391.1 Hz 1487 Hz 2391.2 Hz 1500.5 Hz

Therefore, structural FEM is considered to be capable of modeling the dynamic
behavior of the rotor.

Since the flexible supports have an important influence on the dynamics of the
structure, they should be included in the rotordynamic structural model [15,
22, 72, 79, 81-85]. Accurate flexible support models demand large efforts and
increase the computational time drastically, so simple models are deducted from
experimental modal analysis, from static loading tests and by reduction of finite
element models [16, 74, 81-83, 85]. Stephenson and Rouch [74] generated mass and
stiffness matrices for the supporting structure from test data. These matrices are
then combined with the matrices for the rotor system and the dynamic behavior is
predicted. Vazquez et al. [81-85] used transfer functions at the bearing locations to
model the support structure. These transfer functions are extracted from frequency
response functions measured at the bearing locations and then combined with the
rotordynamics model. Sinou et al. [72] determined the support characteristics by
a static loading test. Then they implemented the obtained stiffness into the finite
element model. Choi and Park [16] used support FRF's to extract an equivalent multi
degree of freedom ( MDOF ) spring-mass model and applied this to the rotor of a
double suction pump.

In our study, simple support models consisting of mass-spring-damper systems are
developed because of their ease of implementation into the structural rotor model.
At first the support is modeled as a mass, spring and damper and only translational
degrees of freedom are taken into account. Bearing stiffness has been ignored since the
equivalent stiffness and equivalent damping coefficient for the support are extracted
from experimental modal analysis of the isolated support as shown in Fig. 8.6. An
equivalent spring-damper system can be constructed from the modal analysis data
by using the well-known peak amplitude method. The details of this method are
explained by Ewins [27]. For each beam length, the stiffness is calculated by k = w?m
where m is the mass of the support disk and the damping ratio by ( = Aw/w,
from which the support damping coefficient is found. Then these mass, stiffness and
damping values representing the supports are implemented in the structural rotor
model for the theoretical dynamic analysis of the total system. This first support
model and the rotor are illustrated in Fig. 8.10. The theoretical and experimental
results are compared in Table 8.4.

There is a significant difference between the theoretical and experimental results.
Therefore this support model has to be enhanced. It has been observed that the
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Figure 8.10: First support model

Table 8.4: Natural Frequencies with the first support model

| Experimental [ Theoretical ‘

50.6 Hz 51.4 Hz
102.8 Hz 80.1 Hz
320.1 Hz 263.1 Hz
962.1 Hz 877.0 Hz

support model consists of a translational spring and damper, and where the mass is
directly added to the connection node,is not adequate enough to predict the dynamic
behavior of the system.

This is why an additional node has been added to the support model, and the bearing
rotational and translational stiffness have been taken into account. In addition, the
rotational stiffness term (kg,.) for the support beams and the inertia of the support disk
have also been included in the support model. The bearing translational stiffness has
been estimated from the supplier manual [34]. To determine the rotational stiffness
of the bearing, the simulations for rigid supports (support beam length: 0 mm)
are performed with different bearing stiffnesses and compared with the experimental
results (see section 8.3.3). In this way the support stiffness has been eliminated and
the bearing stiffness can be independently examined. Then, appropriate rotational
stiffness for the bearing has been determined. After determining the bearing
stiffness the rotational (ks-) and translational (k) stiffness of the supports should
be determined. The previously explained ANSYS model of the supports (Fig. 7.7)
is used to extract the rotational and translational stiffness of the supports statically.
Known force and moment have been applied in the bearing positions, corresponding
displacement and rotation has been obtained. The translational and rotational
stiffness values are calculated by dividing the force and moment by displacement
and rotation (ks = f/x, ks, = M/0). The corresponding model is shown in Fig. 8.11.

After adding the extra node to the model and including rotational stiffness and inertia
of the support disk the results have been improved. Table 8.5 illustrates the new
results with this modeling approach.

The increase of the natural frequencies resulted from the disk mass, which is connected
to the rotor with springs resembling the bearing instead of directly adding the mass. In
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Figure 8.11: Support Model with Rotational DOF

Table 8.5: Natural Frequencies with the second support model

l Experimental [ Theoretical ‘

50.6 Hz 53.8 Hz
102.8 Hz 108.1 Hz
320.1 Hz 313.5 Hz
962.1 Hz 896.1 Hz

the previous modeling approach this mass was directly added to the rotor model. The
first two natural frequencies are in fair agreement with simulation results. However,
the estimation for the flexural mode natural frequency can still be improved.

Finally, the cross coupling between rotational and translational stiffness terms for the
supports are also considered. This support model and the rotor are shown in Fig. 8.12.
The same stiffness values are used for the bearings as in the previous model. However
the support stiffness has been calculated with a different approach. Static loads (force
and moment) are applied on the support disk and deformations (translational and
angular displacement) are numerically obtained in order to calculate the equivalent
stiffness matrix for the support.

Figure 8.12: Final support model

A finite element model for the supports has been generated to extract the equivalent
stiffness matrix for the supports using the commercial software package ANSYS. Static
loading simulations are required to determine the parameters of the support model.
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In order to examine the capability of the model in representing the dynamic behavior
of the support, a modal analysis of the model has first been performed and compared
with the experimental results. Fig. 7.7 illustrates the FE model and Table 8.6 gives
the natural frequencies for different beam lengths.

Table 8.6: Theoretical and experimental results for natural frequencies of the support

l | Theory | Experiment (Section 8.3.2) |

Beam Length 70 mm 80 mm | 90 mm 70 mm 80 mm 90 mm
1°% Natural frequency | 108.8 Hz | 89.5 Hz | 75.4 Hz | 101.3 Hz | 83.8 Hz | 73.8 Hz

ANSYS simulation results agree well with the experimental ones. So this ANSYS
model can be used to extract the simplified equivalent stiffness matrix with coupled
terms for rotation and translation.

Next, static loads (force and moment) are applied on the support disk and
deformations (translational and angular displacement) are obtained. The coupled
stiffness matrix for the support is calculated by:

BF =q (8.1)

where B is the compliance matrix, q is the deformation vector, F is the load vector
and K is the stiffness matrix given as:

SRS RSN

The simulations with this support model are performed and compared with the
experimental results.

The experimental and theoretical results and the difference at standstill and 35 000
rpm for a support beam length of 80 mm are presented in Table 8.7 for the first and
final support model.

For the first support model, the stiffness is calculated from modal analysis data of the
support and the rotational DOF are omitted. Therefore, the first natural frequency
which is the rigid body translation mode is estimated with reasonable accuracy.
However, there is a significant difference for the second rigid body mode natural
frequency and the first flexural mode natural frequency because the rotational stiffness
of the support is not taken into account. The final support model yields improvement
in the prediction of dynamic behavior of the rotor. The better estimations for the
third natural frequency are achieved. Therefore this support modeling approach with
rotational DOF and cross-coupled terms are capable of representing the dynamic
behavior of the flexible supports. As a result, this model is implemented in the
structural model to represent the supports.
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Table 8.7: Dynamics of rotor with different support models

Experiment-standstill

[ First support model [ Final support model ‘

50.6 Hz 51.4 Hz (1.6 %) 54.1 Hz (6.9 %)
102.2 Hz 80.1 Hz (21.6 %) 108.0 Hz (5.4 %)
320.7 Hz 263.0 Hz (17.8 %) 325.8 Hz (1.8 %)

Experiment- 35 000 rpm

First support model [ Final support model ‘

52.2 Hz 51.2 Hz (1.9 %) 54.1 Hz (3.6 %)
116.6 Hz 95.7 Hz (17.7 %) 127.9 Hz (9.0 %)
322.6 Hz 263.0 Hz (18.3 %) 325.0 Hz (1.1 %)

8.4 Analyzing Multiphysical Effects

After determining the equivalent support model the theoretical model becomes
capable of representing the experimental setup. Then the multiphysical effects can
be analyzed.

The multiphysical effects on the dynamics of the rotor have been analyzed by modal
analysis and spectrum measurements with and without the casing. The change of
natural frequencies at different speeds and onset of instability have been measured.
For modal analysis, the excitation has been provided by the shaker mounted on the
support disk. For spectrum measurements, rotation of the shaft is the only excitation
source. The responses have been measured with two accelerometers mounted on the
supports and an LDV directed towards the rotor. All experiments have been repeated
for support beam lengths of 72 mm, 80 mm and 90 mm in the absence and presence
of the casing. In this way the effect of the surrounding fluid on the dynamic behavior
of the rotor has been analyzed for different support flexibility. The modal analysis
results at 40 000 rpm, have been shown in Fig. 8.13 and the natural frequencies have
been given in Table 8.8 for a support beam length of 72 mm.

Table 8.8: Experimental modal analysis with and without casing at 40 000 rpm

Natural frequency | with casing | without casing
1°% Rigid body mode 58.1 Hz 57.8 Hz
274 Rigid body mode 132.8 Hz 133.1 Hz

15" Flexural mode 337.8 Hz 338.4 Hz

Similar frequency response functions have been obtained with and without casing.
The surrounding air has a negligible effect on the natural frequencies of the system.
The stability of the system has been studied by spectrum measurements. The rotor
has been operated till the onset of instability and spectrum measurements have been
done at every 100 rpm.
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Figure 8.13: Modal analysis results with and without casing

onset of instability a ) with casing

300 400 500 600 70

Z
b ) without casing

200 300 400 500 600 700 800 900 1000

Hz

Figure 8.14: Spectrum maps-support beam length: 80 mm

The spectrum maps with and without casing have been shown in Fig. 8.14. It was
demonstrated that, depending on the support stiffness and damping, self-excited
vibrations start to develop and instability occurs. The surrounding air between the
casing and rotor has been observed to result in unstable operation and eventually
catastrophic failure. The spectrum measurements at 42 350 rpm and 34 300 rpm
with a support beam length of 80 mm have been shown in Fig. 8.15. The first mode
becomes unstable in time and the amplitude in the spectrum at that frequency starts
to increase. The amplitude at the first natural frequency has been plotted as a function
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of rotor speed in Fig. 8.16. The theoretical prediction of the onset of instability has
been shown in Fig. 8.17. The decay rates of the first three modes have been plotted
as a function of rotation speed. The decay rate has been the imaginary part of the
complex frequency, which is the solution of the eigenvalue problem of the equation of
motion of the rotor. As the decay rate becomes negative the system becomes unstable.
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Figure 8.15: Spectrum measurements at different speeds
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Figure 8.16: Amplitude of velocity spectrum at different rotor speeds
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Table 8.9: Experimental and theoretical results for natural frequency and stability

l Beam Length: 72 mm

Beam Length: 80 mm

Beam Length: 90 mm

|

Rotation Speed: 40 000 rpm

Rotation Speed: 35 000 rpm

Rotation Speed: 25 000 rpm

Natural Frequencies (Hz)

Natural Frequencies (Hz)

Natural Frequencies (Hz)

Experiments Theory Experiments Theory Experiments Theory
58.1 Hz 61.7 Hz 51.8 Hz 53.4 Hz 44.0 Hz 45.3 Hz
132.8 Hz 141.3 Hz 116.3 Hz 127.9 Hz 100.3 Hz 112.5 Hz
337.8 Hz 328.6 Hz 322.2 Hz 325.8 Hz 315.3 Hz 323.5 Hz

Onset of Instability Onset of Instability Onset of Instability

Experiments Theory Experiments Theory Experiments Theory

42 250 rpm 40 200 rpm 41 800 rpm 37 100 rpm 36 250 rpm 30 700 rpm

The experimental and theoretical results with casing are tabulated and compared
in Table 8.9 with different support beam lengths.
the theoretical and experimental results is obtained. The developed methodology
(Chapter 6) identifies the onset of instability, which results from the rotating
damping due to flow and estimates the natural frequencies in accordance with the
experiments. The differences may result from accurate measurement of damping, the
different clamping torques on the bolts connecting the support beams to the brackets,
adjustment errors of the exact beam length and three-dimensional flow effects in the

confinement.

A fair agreement between
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As the shaker has been removed the damping was observed to decrease significantly.
The spectrum maps are plotted again for support beam lengths of 72 mm, 80 mm and
90 mm. The spectrum map for 80 mm length is shown in Fig. 8.18. The numerical
prediction of the onset of instability is shown in Fig. 8.19 for both friction models in
laminar flow regime.
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Figure 8.18: Spectrum map-support beam length: 80 mm
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Figure 8.19: Onset of instability with different friction models-support beam length:
80 mm

The decay rates of the first three modes have been plotted as a function of rotation
speed. For the current setup the flow becomes turbulent at 24 200 rpm. The model
which uses the friction coefficient by Brennen predicts stable operation in laminar
flow. On the other hand, the empirical friction model estimates instability in the
laminar regime. Table 8.10 illustrates the stationary damping ratios for different
beam lengths and experimental and numerical onset of instability for both friction
models.

A reasonable agreement between the theoretical and experimental results is obtained
for the empirical friction models given by Bilgen et al. [12]. However, the analytical
friction coefficients given by Brennen fail to predict the onset of instability in the
laminar regime. The observed onset of instability is at relatively high Reynolds
numbers but still in the laminar regime. The flow is quite complex (vortices) and
the empirically determined friction coefficient model must be used to estimate the
unstable operation of the rotor.
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Table 8.10: Damping and onset of instability in the laminar regime

Support Damping Empirical Analytical
Beam Length | (Ns/m) | Experiments | Friction Model | Friction Model
72mm 2.1 23 840 rpm 21 900 rpm stable
80mm 1.86 17 890 rpm 18 900 rpm stable
90mm 1.80 15 135 rpm 16 800 rpm stable

8.5 Validation of the Thermal Model

The temperature measurements in the air gap between the rotor and the stator of the
setup could be cumbersome, besides which, the temperature increase is calculated to
be only a few degrees (see chapter 7). However in some cases the temperature increase
could be higher. Therefore, validation of the thermal networks method (Chapter 5) is
necessary and this could be done by comparing the calculated temperature increase
with the one obtained from a more advanced numerical modeling approach.

The rotor and stator have been modeled by thermal networks at steady state as the
initial step, the air in between has been described by a node (Chapter 5) and the
temperature increase at this node has been calculated.

For the more advanced method, commercially available tools ANSYS Workbench and
CFX have been used. The air gap is modeled by using CFX and the rotation speed
and estimated steady state temperature of the rotor and stator surfaces are applied
as boundary conditions. The heat transfer from the air and air gap temperatures is
calculated. The rotor and stator are modeled in ANSY'S; the heat transfer is imported
from CFX. The rotor and stator temperatures are calculated.

Since only one-way coupling is possible between these packages, initial assumptions
for the rotor and stator surface temperatures have been made; heat generation due
to air friction, heat transfer coefficients and air temperature are calculated in CFX.
The temperature in the gap and the convective heat transfer coefficients between
the air-rotor and air-stator are calculated at each speed with initially assumed
rotor and stator surface temperatures. The convective heat transfer coefficients
are imported to ANSYS and the steady state temperatures of the rotor and stator
surfaces are calculated. Then the updated boundary conditions (rotor-stator surface
temperatures) are imported to CFX and the air temperature is recalculated. This
procedure is continued till convergence of the results has been obtained. The
procedure is shown in Fig. 8.20. The fluid film has been modeled in CFX as shown in
Fig. 8.21.The modeled rotor and stator in ANSYS Workbench are shown in Fig. 8.22.
The analysis has been run with different mesh sizes, and suitable mesh size has been
determined as the convergence achieved. The rotation speed of the rotor outer surface
as well as the temperatures of the rotor and stator surfaces have been applied as the
boundary conditions. The total energy formulation, including the viscous terms,
has been used for heat transfer equations since it is suitable for flows with a Mach
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number greater than 0.2. The k — e turbulence model has been used since it is
appropriate for internal flows and offers a good compromise between numerical effort
and computational accuracy.

Simulations have been performed at each rotation speed and the air temperature
profile has been obtained.

The simulations have been performed by using both thermal networks and CFX based
CFD analysis for a rotor with a radius of 25 mm, length of 30 mm and air gap of 0.5
mm. Table 8.11 compares the CFD analysis with the thermal networks method.

Rotor, Stator
Surface
Temperatures

Figure 8.20: ANSYS-CFX Coupled Thermal Analysis Procedure

Figure 8.21: CFX Model for Air

The temperature profile in the air gap is computed in CFX, then the average of
the air temperature profile is calculated and compared with the results obtained by
using thermal networks (see Fig. 8.23). For the thermal networks, the air in the
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Figure 8.22: Rotor and Stator

Table 8.11: CFD vs Thermal Networks

CFD [ THERMAL NETWORKS
Many DOF One node for modeling the air
Local Temperature Distribution | Global Temperature distribution
Much Computation time Less computation time

gap is modeled as a node and the computation time to calculate the temperatures
corresponding to the mid-rotor, stator and air was 0.06 s. On the other hand, the
CFD model constructed using ANSYS CFX involves 3072 elements, 6144 nodes and
the computation time needed 214 s.

There is fair agreement between both methods. The difference at higher rotational
speeds could result from the high empirical friction coefficients used in thermal
networks or detailed modeling in CFX. The thermal networks method gives a
reasonable estimate of the air temperature. The thermal networks are simple
to construct and can be easily coupled with other analysis methods. Thus, the
thermal networks method seems to be appropriate to be implemented into fluid
rotor interaction models to update temperature-dependent air properties for further
analysis. The updated air temperature could be used to renew the air properties at
the specific rotation speed for air-rotor coupled dynamic analysis.

8.6 Conclusions

The experimental results and advanced numerical modelling tools validate the
developed multiphysical models. Modal analysis of the rotor in free-free condition
verifies the structural model described in detail in Chapter 3. There is a good match
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Figure 8.23: Thermal Network and CFD Results

between the theoretical and experimental results. The supports must be included
to the structural model to simulate the experimental setup. Simple models for the
supports as added springs and masses were not accurate enough to represent the
dynamics of the structure. However, the equivalent model with coupled stiffness
terms for rotational and translational degrees of freedom adequately simulates the
dynamic behavior of the structure.

The modal analysis of the complete setup and spectrum maps with and without
casing are performed to observe the influence of surrounding air. The surrounding
air does not have an important effect on the natural frequencies and critical speeds;
however, it significantly affects the stability of the system. The rotating damping,
resulting from the surrounding air in the confinement between rotor and casing, causes
instability depending on the support stiffness and damping. There is good agreement
between the theoretical results and the experiments. More accurate identification of
the support properties will probably result in even better estimates for the onset of
instability.

The thermal model has been tested by comparing the air gap average temperature
calculated with thermal networks (Chapter 5) and with CED-FEM thermal analysis.
The thermal networks method was observed to obtain the temperature increase in
the gap with reasonable accuracy. This method is practical and can be easily used to
update the air properties (density and viscosity) due to changing air temperature.






Chapter 9

Implementation of
Viscoelastic Supports

9.1 Introduction

In the previous chapters (Chapters 6-8), the theoretical and the experimental work
revealed that the flow-induced effects result in rotating damping and consequently
instability. Stationary damping is considered to be useful for extending the stable
operation ranges. Simple ways to increase the stationary support damping are sought.
Viscoelastic inserts are the cheapest, the easiest and the most widely applied solution
for providing additional stationary damping and vibration isolation. This chapter
presents the usage of viscoelastic pads in order to extend the stable operation range
of the mini rotor in medium gap confinement.

There has been numerous work about characterization, modeling and application
of viscoelastic pads for diminishing the vibration amplitude due to unbalance and
enabling stable operation of rotors [20, 21, 43, 52, 57-59, 77]. These works include
parametric numerical studies [20, 21] to determine stability zones, identification of
the material characteristics [90] or optimization of the support geometry [57]. These
studies show that significant improvement could be achieved on the dynamic behavior
of the rotors by using the viscoelastic supports.

As a consequence, it was decided to add viscoelastic pads into the experimental
setup to provide more stationary damping and surpass the instability stemming from
the surrounding air in the confinement. Four different materials with two different
geometries were tested and radical change in the onset of instability was observed.

This chapter mainly presents the experimental results (modal analysis and spectrum
maps) through implementing viscoelastic pads. Section 9.2 explains the support
structure of viscoelastic pads with different material and geometry. The next section
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then gives the experimental results from the single support and the complete setup for
different materials. Finally, section 9.4 discusses the results and draws conclusions.

9.2 Viscoelastic Support Structure

The aim of using the viscoelastic supports is to considerably increase the damping and
slightly increase the stiffness. It is planned that the threshold of instability should
reach a higher rotation speed, but the critical speeds should not be changed much to
ensure that the setup does not operate in the neighborhood of a new critical speed.
The materials with low shore have low stiffness [45]. Four different materials were
ordered from a supplier with different shore values to observe the effect of different
stiffness and damping. These materials are given in Table 9.1 [45]. More information
about these materials can be found in the references by Lakes [47] and Van der
Vegt [78].

Table 9.1: Viscoelastic Materials used in the setup

Material Shore Density
Polyurethane(PMC) 30 1.1x10% kg/m3
Neoprene 40 1.3x10% kg/m3
Pararubber 60 1.4x10% kg/m3
Styrene butadiene rubber(SBR) 70 1.5x10% kg/m3

There are different locations in which the viscoelastic pads can be implemented. These
locations are explained in Table 9.2.

Table 9.2: Possible Locations for the Pads

Location Description Place in Fig.7.8
1 Between the bearing and the bearing holder 3
2 Between the support & aligning brackets and frame 1, 2 and 10,11
3 Between the extra support and the bearing holder 3

The first location is between the bearing and the bearing holder. In that case, the
hole in the bearing holder needs to be enlarged and the viscoelastic pads or sections
should be inserted in the hole between the bearing and bearing holder. However, the
viscoelastic material cannot be manufactured with high tolerances. This results in a
variable thickness of the viscoelastic material, which will cause alignment errors of
the bearings (and the rotor). Besides, the strict tolerances for bearings will be lost
and operation at high speeds would be difficult.
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The second location for the viscoelastic material is between the support brackets
and the fixed frame. In this case alignment problems can occur as well, resulting in
excessive vibration of the rotor.

The final location for viscoelastic material in the setup is between the bearing holder
and an extra support. The viscoelastic pads in this location will directly damp the
vibrations of the bearing holder disk. The implementation of the pads does not require
changes in the setup and there is no restriction on the dimensions of the pads. An
external bracket has to be designed for locating the pads. This enables easy mounting
and replacement of different pads with different material properties and dimensions.
As a result, this location is considered as the most suitable one. Four pads on each
bearing holder are used. In this way isotropic stiffness and damping in both directions
perpendicular to the rotor are obtained. The pad height is slightly larger (0.1 mm)
than the gap between the bearing holder and the extra support. In this way the pads
can be clamped and therefore there is no need to use glue. For the experiments, two
different pad widths are used, 5 and 10 mm respectively. The pads are cut from the
samples with 10 mm depth provided by the supplier. Hence; the pad height and depth
are 10 mm. The extra support bracket, the bearing holder and the pads are depicted
in Fig. 9.1 and Fig. 9.2. The dimensions of the extra support is given in App. C.

depth

Figure 9.1: The extra support and pads
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Figure 9.2: The experimental setup with pads

9.3 Experiments

9.3.1 Modal Analysis of the Isolated Support

Modal analysis of the isolated support with the viscoelastic pads is carried out to
characterize the stiffness and damping for the different materials and two geometries.
Stiffness and damping values are calculated from the FRFs by using the peak
amplitude method (see Chapter 8).

Pad width 5 mm

Firstly the experiments are performed for a pad width of 5 mm for different materials.

The FRFs for the experiments on the support for different pad materials are shown
in Fig. 9.3.
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Figure 9.3: FRFs of the experiments on the support for different pad materials for
pad width of 5 mm
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One peak frequency is observed with rubber pads as it was measured without pads
(Chapter 8). Therefore the system can be considered as a single degree of freedom
(SDOF) system. Among the materials used, PMC was observed to be the softest one
as expected. It slightly changes the natural frequency and decreases the amplitude
(adds some extra damping). The change in natural frequency is large with Neoprene,
Pararubber and SBR. The calculated equivalent stiffness and damping values of the
support structure are given in Table 9.3 for different materials [45].

Table 9.3: The stiffness and damping calculated from the experiments for pad width
of 5 mm

Material Damping Stiffness Natural frequency
¢ [Ns/m] k[N/m] fo [Hz]
Without Pads 1.80 3.55x10% 85.1
PMC 6.33 5.78x10% 91.5
Neoprene 18.83 9.04x10% 114.2
Pararubber 51.20 3.39x10° 220.4
SBR 90.19 4.12x10° 244.6

Pad width 10 mm

The modal analysis experiments are repeated also for the pads with a width of 10
mm. The FRFs resulting from the experiments are shown in Fig. 9.4.
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Figure 9.4: FRFs of the experiments on the support for different pad materials for
pad width of 10 mm

Again, the SDOF System behavior has been noticed. It is observed that both the
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stiffness and the damping increase for pads of an increasing width. The obtained
stiffness and damping are given in Table 9.4.

Table 9.4: The stiffness and damping calculated from the experiments for pad width
of 10 mm

Material Damping Stiffness Natural frequency
¢ [Ns/m] k[N/m] [Hz]
PMC 12.95 6.76x10% 98.9
Neoprene 31.70 1.40x10° 142.3
Pararubber 69.10 6.91x10° 316.0
SBR 160.0 1.01x108 380.0

9.3.2 Modal Analysis of the Complete Setup

Modal Analysis of the setup is performed at standstill for different materials to
investigate the change of natural frequencies. FExperiments are performed for the
two pad widths; 5 mm and 10 mm. The results of the experiments are shown in
Fig. 9.5 (for pad width 5 mm) and Fig. 9.6 (for pad width 10 mm).
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Figure 9.5: FRFs of the complete setup for different pad materials for pad width of
5 mm

It can be seen that all pads have an influence on the natural frequencies. For PMC
and Neoprene the natural frequency differs slightly, on the other hand for Pararubber
and SBR the change is significant. For the 10 mm pad the change increases even
more. Table 9.5 gives the natural frequencies at standstill for different materials and
widths. In some measurements the peaks were not clear and are shown blank in the
table.
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Figure 9.6: FRFs of the complete setup for different pad materials for pad width of

10 mm

Table 9.5: Natural Frequencies of the setup with and without pads

First natural
frequency [Hz]

Second natural Third natural
frequency [Hz] frequency [Hz]

Pad Pad

Material Width
Without pads

PMC 5 mm
Neoprene 5 mm
Pararubber 5 mm
SBR 5 mm
PMC 10 mm
Neoprene 10 mm
Pararubber 10 mm
SBR 10 mm

43.7
50.3

85.3
141.9

56.9
78.1

84.0

110.0
130.0
237.8
294.7

121.3
145.0
295.9
320.9

311.6

335.6
340.6
382.2
576.3

348.1
365.0
458.4
463.4

9.3.3 Spectrum Maps of the Setup

Finally, spectrum maps are plotted to observe the amplitude of vibrations in the
presence of pads. The spectrum maps can be used to find the onset of instability if it
exists in the operation range (see Chapter 8). Spectrum maps were made for all four
materials again, for 5 mm and 10 mm pads. A spectrum map without the pads for a
support beam of 90 mm is also given for reference in Fig. 9.7. It can be seen that the
setup becomes unstable immediately after the start-up (at 15 krpm). The spectrum
maps for pad dimensions of 5 mm and 10 mm are given below.
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Figure 9.7: Spectrum map of the setup without pads, vertical axis: Krpm horizontal
axis: Hz

pad width=5 mm

Fig. 9.8 depicts a spectrum map of the setup with PMC pads of width 5 mm. The
peaks corresponding to the critical speed shown with the letter ¢ disappear as the
rotation speed increases. At 24 900 rpm the setup becomes unstable. The spectrum
plot at 24 900 rpm is shown in Fig. 9.9. The amplitude of vibration corresponding to
the first natural frequency (number 1) starts growing and becomes higher than the
other frequencies.
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Figure 9.8: Spectrum maps of the setup with PMC pads of width 5 mm
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Figure 9.9: Spectrum plot at 24 900 rpm of the setup with PMC pads of 5 mm,
vertical axis: db horizontal axis: Hz

The spectrum map of the setup with Neoprene is given in Fig. 9.10. It can be seen
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that the setup does not experience instability for speeds up to 50 000 rpm, which
is the maximum speed of the motor. There are two critical speeds in the spectrum
map: 22 000 rpm and 43 000 rpm . The amplitude of vibration due to synchronous
excitation increases around these speeds, but as the rotation speeds increase the peaks
disappear. Fig. 9.11 shows the spectrum map by using Pararubber pads. Like the

i} 100 200 300 400 a00 600 700 800 S00 1000

Figure 9.10: Spectrum maps of the setup with Neoprene pads of width 5 mm

setup with Neoprene pads, the setup does not become unstable. In this case excessive
vibrations were present around the final critical speed, therefore, the measurements
were stopped at 42 000 rpm. The critical speed at 22 000 rpm is visible here (c in the
figure). Compared to the spectrum map in Fig. 9.10 it can be seen that there is more
damping resulting in lower amplitudes, since the first and third natural frequencies
are not visible.

1] 100 200 300 400 500 600 700 800 200 1000

Figure 9.11: Spectrum maps of the setup with Pararubber pads of width 5 mm

The spectrum map with SBR is shown in Fig. 9.12. Again, no instability has been
observed. Also two critical speeds can be seen here, but with lower peaks than in the
spectrum maps for the other materials. The first and third natural frequencies have
completely disappeared here. It can be concluded that the second and fourth natural
frequencies are less visible and thus more damped than with Pararubber (Fig. 9.12).
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Figure 9.12: Spectrum maps of the setup with SBR, pads of width 5 mm

pad width=10 mm

The spectrum measurements are also repeated for pads of 10 mm width with the same
materials. In Fig. 9.13 the spectrum map of the setup with PMC pads of width 10
mm is shown. It can be seen that instability occurs at 49 900 rpm.

1] 100 200 300 400 500 600 700 ao0 Q00 1000

Figure 9.13: Spectrum maps of the setup with PMC pads of width 10 mm

In addition the first, second and third natural frequencies are visible. The critical
speeds exists around 20 000 and 42 000. However, as the rotation speed increases
the high amplitudes of vibration disappear. The spectrum measurements at 40 000
and 49 900 rpm are given in Fig. 9.14. The natural frequencies are numbered on the
upper plot. The amplitude of the first peak in the upper plot is significantly lower
than in the lower plot. The fourth critical speed has been passed between 40 000 rpm
and 49 900 rpm, therefore that critical speed is not visible in the plots. Compared
to the results with the ones obtained with 5 mm pads, the amplitude of peaks are
less, which means more damping is present. As a result, the onset of instability also
happens at a higher speed. The PMC pads of width 10 mm cause a higher stiffness
and damping than the PMC pads of width 5 mm. For the other materials instability
has not been observed with a pad width of 10 mm.
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Figure 9.14: Spectrum plot at 40 000 (above) and 49 900 rpm (below) of the setup

9.4 Discussion and Conclusion

Finally the theoretical and experimental results are compared. The damping ratios
obtained from section 9.3.1 are added into the multiphysical model. As explained in
chapter 8, the translational stiffness obtained from the modal analysis of the isolated
support does not yield accurate estimations. Therefore, a stiffness correction factor
has been calculated by dividing the stiffness obtained from modal analysis of supports
with pads to the one from without pads (Table 9.3 and Table 9.4). This correction
factor is multiplied with the stiffness matrix, K in the simulations. The simulation
results are compared with the experiments in Table 9.6 and Table 9.7. Instability is
only observed for PMC in the operation range (up to 50 000 rpm). For the other
materials only the simulation results are presented.

There is fair agreement between the theoretical and experimental results. The results
can be improved by using more advanced models for viscoelastic material [33, 77].

In summary, four types of viscoelastic materials (PMC, Pararubber, Neoprene,
SBR) are implemented in the experimental setup. The experiments reveal that
the viscoelastic materials increase the stationary damping and stiffness and thereby
extend the onset of instability. The PMC is observed to be the softest among the
used materials. It does not have a strong effect on the critical speeds whereas the
influence is high on the onset of instability. The damping value and stiffness correction
factor are obtained from the modal analysis of the isolated support. These values
are implemented into the theoretical model and the results are compared to the
experiments. A more detailed analysis can provide more accurate models to obtain
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better prediction of the experimentally observed improved stability.

Table 9.6: Natural Frequencies (E=Experiments, S=Simulation)

Pad Material E S E S E S
PMC(5 mm) 50.3  57.7 110.0 112.8 335.6 3274
Neoprene(5 mm) - 71.2 130.0  130.9 340.6  332.8
Pararubber(5 mm) 853 1245 237.8 2245 382.2  369.5
SBR(5 mm) 141.9 1329 294.7 2435 576.3  378.9
PMC(10 mm) 56.9 62.9 121.3 1184 348.1 3288
Neoprene(10 mm) 78.1  86.66 145.0 154.07 365.0 339.52
Pararubber (10 mm) - 154.3 2059 311.31 458.4  423.36
SBR (10 mm) - 168.3 320.9 369.3 463.4  466.3

Table 9.7: Onset of Instability (rpm)

Pad Material Experiment  Simulation
PMC (5) mm 24 900 rpm 34 300
Neoprene (5) mm - 70 700
Pararubber (5) mm - 126 500
SBR (5) mm - 164 700
PMC (10) mm 49 900 rpm 53 900
Neoprene (10) mm - 100 600
Pararubber (10) mm - 118 900
SBR(10) mm - 142 900




Chapter 10

Conclusions and
Recommendations

10.1 Conclusions

The aim of this research was to obtain insight into the multiphysical aspects that
are significant for high-speed small-scale rotating machinery. For this purpose an
analysis tool has been developed to investigate the dynamic behavior under these
multiphysical effects. Furthermore, experiments have been carried out to evaluate
the developed analysis approach. The modeling approach was intended to enable
the design of rotors that can operate at higher rotation speeds without encountering
critical speeds and onset of instability.

Firstly, a literature survey has been carried out to investigate the developments in
high-speed minirotating machinery. It is observed that most of the studies involve the
design and manufacturing of microrotating machinery and modeling studies mainly
concentrate on the non-conventional bearings. However in many applications there
is a casing around the rotor. The air in the confinement between the casing and
the rotor has a significant effect on the dynamic behavior of the rotor. The existing
literature lacks coupled thermal, fluid and structural analysis for dynamic behavior.
As a consequence, it was decided to model the multiphysical flow effects on the
rotordynamics of small-scale machines with medium gap.

An analysis approach has been developed to model the individual physical domains
and to investigate their coupled influence on the dynamics of mini rotors. Flow-
induced forces have been described for laminar and turbulent flow regimes in terms
of added mass, damping and stiffness and a method to include these elements into
the structural model has been provided (Chapter 4 and Chapter 6). In addition, a
thermal model based on thermal networks has been developed to take the changing
fluid properties due to temperature into account (Chapter 5).
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Afterwards, the different physical models have been coupled to each other and an
analysis for the dynamic behavior of an arbitrary rotor has been performed. The
analysis reveals that the flow in moderate air gaps of minirotating machinery results
in stability problems due to the rotating air in the gap generating rotating damping.

An experimental setup has been built to verify the developed modeling approach.
The design criteria have been determined and the design of an experimental setup has
been realized. Flexible supports with changing stiffness have been designed in order
to provide low support stiffness (which is common in minirotating machinery) and to
examine the effect of the support stiffness on the dynamics of the rotor. Modal analysis
of individual components and the complete setup have been performed to identify
the dynamic characteristics. Modeling approaches for flexible supports have been
sought to obtain equivalent stiffness and damping to be combined with the structural
model. Different support models have been implemented into the theoretical model
and the simulation results have been compared with the experimental modal analysis
of the complete setup. In this way the support model yielding good estimations has
been determined. It has been observed that rotational DOFs, rotational stiffness and
inertia must be included in the extracted models to obtain good estimates. Spectrum
maps have been plotted for determining the onset of instability. The experimental
results have been compared with the theoretical models covering both the laminar
and turbulent flow regimes. Good agreement has been obtained between theory and
experiments. The developed methodology has been shown to be useful to model the
dynamic behavior under multiphysical effects.

The thermal model was difficult to be verified by experiments. A more detailed
thermal analysis was done instead, and this was compared with the results from the
thermal networks model used in the multiphysical modeling. Thermal analysis of
a simple cylindrical rotor and stator system has been performed by using thermal
networks and CFD-FEM. The simulations were performed and fair agreement was
obtained between the results using both methods. Consequently, the thermal networks
method seems to be appropriate to be implemented into fluid rotor interaction models
to update temperature-dependent air properties for further analysis.

In conclusion, a methodology has been developed to add the flow-induced forces on
high-speed minirotating machinery with medium gap for both laminar and turbulent
regimes into a structural FE model including the thermal effects. The results from the
developed methodology were compared with the experimental results carried out on a
specially designed setup. Good agreement between theory and experiments has been
observed. The developed method can be used to obtain the desired rotordynamic
behavior of minirotating machinery which includes medium gaps.

As is well known in the literature, stationary/rotating damping ratio determines the
stable operation of the rotor. Increase of stationary damping broadens the stable
operation range. Therefore, simple ways to surpass the observed stability problems
by increasing the stationary damping were investigated. Different types of pads were
inserted in the supports. The onset of instability is observed to change drastically by
using viscoelastic inserts. As a consequence, viscoelastic inserts were observed to be
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the cheapest and the simplest solution to increase the stationary damping and extend
the stable operation range.

10.2 Recommendations

Some recommendations to extend the modeling approach and the design of the
experiments follow from the presented research:

e More advanced modeling of the multiphysics is significant in simulating
rotordynamic behavior. In the current study simple modeling approaches
(linearized fluid forces and thermal networks) with one-way coupling between
the physical domains are used for initial estimations. It is recommended to apply
more advanced numerical techniques to examine flow forces and temperature
increase. Besides, methods for full coupling between physical domains may
result in further improvements in the model.

e In order to prepare a model to simulate the experimental setup the support
structure should be included. In the present research, equivalent support models
consisting of springs and dampers are extracted from static loading simulations
and modal analysis. It is suggested to investigate methods for detailed FE
modeling or identification of supports to improve the accuracy of the model.

e The viscoelastic pads have a significant effect on stability and critical speeds. A
correction factor is calculated using experimental data for the pads in the present
work. However, viscoelastic models coupled with the multiphysical models may
increase the accuracy of the predictions. Furthermore, it is recommended to
investigate optimization of the pad shapes to obtain the desired rotordynamic
properties (critical speeds and onset of instability).

e In the present research an experimental setup has been designed. As an
improvement to the current experimental setup, the drive system and bearings
that operate at higher speeds can be investigated. In this way the validity of
the models can be examined experimentally at higher speeds.
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Area of the cross section

The surface area in contact with air
Compliance matrix

Damping matrix

Rotating damping matrix
Non-rotating damping matrix
Damping of the fluid in the gap
Equivalent damping

Friction coefficient

Friction coefficient for the rotor
Friction coefficient for the stator
Damping of the fluid in the gap per unit length
Specific heat at constant pressure

Correction factor for three-dimensional flow effects

Disk diameter

Shaft diameter

Young’s modulus

Load vector

Applied force in x and y direction
Non-rotating force vector

Flow-induced forces in x direction
Flow-induced forces in y direction

Force vector resulting from unbalance
Gyroscopic matrix

Shear modulus

Nominal clearance

Convective heat transfer coefficient

Convective heat transfer coefficient for ambient
Convective heat transfer coefficient for the gap
Annular gap depth

Inertia
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Inertia of the support disk

Inertia of the structural element
Stiffness matrix

Stiffness element matrix

Shear stress factor

Translational Stiffness

Axial thermal conductivity
Translational stiffness of the bearing
Rotational stiffness of the bearing
Thermal conductivity

Equivalent stiffness

it" element of the stiffness matrix
Translational Support Stiffness
Rotational Support Stiffness

Radial thermal conductivity
Thermal conductivity of rotor
Thermal conductivity of stator
Roughness coefficient

Length of the rotor confined in fluid
Total shaft length

Element length

Mass matrix

Applied moment in x and y direction
Added mass for 2-D flow

Added mass for 3-D flow

The mass element matrix

Mass matrix related with translational inertia
Mass matrix related with rotational inertia
Nusselt number

Mass

Added mass

Vector of nodal displacements

Rotor radius

Stator outer radius

Stator inner radius

Vector of power generation

Prandtl number

Heat dissipation due to air friction
Thermal conductance matrix

The convective thermal resistance
it" Thermal Resistance in network
Axial Thermal Resistance

Radial Thermal Resistance

Axial Thermal Resistance for symmetric cylindrical section
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Rirs Radial Thermal Resistance for symmetric cylindrical [K/W]
section
Res Couette Reynolds number -]
Re, Tip Reynolds number -]
Re* Modified Reynolds number []
T Vector of nodal temperatures K]
Toir Mean temperature of the air gap K]
T, Mean temperature of the rotor K]
T, Mean temperature of the stator K]
T; Temperature of the i*" node K]
T Mean temperature of the component K]
Ta Taylor number []
Ug, Displacement of i** node in x direction [m]
Uy, Displacement of i*" node in y direction [m]
x Translational deformation [m]
U gap averaged tangential velocity [m/s]
v velocity [m/s]
Greek
0 Reduced gap ratio []
€ eccentricity [m]
0 Rotational deformation [rad]
A Complex frequency []
L Dynamic viscosity [Pa ]
K Rotational Stiffness [N m/rad]
d Non dimensional variable -]
O, Rotation of i** node in x direction [rad]
Oy, Rotation of i** node in y direction [rad]
p Density [kg/m®]
o Decay rate [1/s]
o Reduced decay rate [-]
T Shear stress [Pa]
Ty Shear stress on the rotor [Pa]
Ts Shear stress on the stator [Pa]
X Shear factor []
Q Rotation speed [rad/s]
w Natural frequency [rad/s]
w1 First rigid body mode natural frequency [rad/s]
w Reduced natural frequency -]
Aw Frequency difference between half power points [rad/s]
wn, Natural frequency [rad/s]
]

Iy

Damping ratio



104

Abbreviations

CFD Computational fluid dynamics
DOF Degree(s) of freedom

FE Finite element

FEM Finite element method

FRF Frequency response function
krpm thousand rotations per minute
rpm rotation per minute

SBR. Styrene butadiene rubber

SDOF Single degree of freedom



Appendix A

Element Matrices for
Structural Model

According to Genta [32] the consistent stiffness and gyroscopic matrices for a beam

element, Figure 3.1, are given as:

12 61 —12 6l
K- FhL 4+ @)% —61 (2— )2
B+ 9) 12 —61
symm. (4 + ®)I12 |
mq Img ms —lmy 1
Mo — pAl l2m5 lm4 —l2m6
T 12001 + ®)? my  —lmy
symm. I’ms
mr lmg —mr lmg
_ ply ZZTTLQ —lmg —l2m10
R 300(1 + @)2 my —lmg
symm. ’my
where & = 13541;3)( and mq...mqq are:

mi = 156 + 294P + 140H2,
ms = 54 + 126® + 7092,
ms =4+ 70 + 3.502,

mr7 = 367

mg = 4 + 5® + 1092,

me = 22 + 38.5® + 17.5P2,
my = 13 + 31.5® + 17.5P2,
me = 3+ 70 + 3.502,

mg =3 — 15®,

mio = 1 +5(I) — 5(132.
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The consistent mass and gyroscopic matrices are:

M =Mt + Mgr, G=2Mpg



Appendix B

Thermal Network

If the face temperatures 75 and T are equal for the cylinder given in Fig. 5.1, only
half of the cylinder can be modeled [54] considering only half heat generation. Then
the thermal networks in Fig. 5.1 reduce to the form:

Ts

Figure B.1: Thermal network for a symmetric cylindrical section [54]
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where the resistances in Fig. 5.1 change as [54]:

R(ls = Rla + 2R3a = 7. 7.2 o2\ (Bl)

1 2T§ln(:—2)
B = oL [1 . r%)} (B2
1 2r%ln(%)
Roys = i D [ o) 1} (B.3)
R S S S 47”?’"51"()}
Rars = 47r(7°f — r%)k‘TL e (r% — r%) (B.4)

The resistances are multiplied by two since half of the cylinder is modeled. In the
present work the above network is used to model the stator. The rotor is modeled as
a solid rod (see Fig. 5.2). The complete network is illustrated below:

Tamb
Stat
T ator
Ty | Air
Rotor
T, B

where T, is the mean temperature of the rotor, T is the mean temperature of the
stator and T,;, is the mean temperature of the air in the gap between the rotor and
stator, Tymp is the ambient temperature. The resistances in the network are given as:
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1 2r2ln (L
R, = [ o 22 (r; ):| (B.5)
27k g L (rl — r2)
-1 4r3r3in(LL)
Ro= i [ - ] B.6
T (r? —r3) kgL [rl "2 (rf —r3) (B-6)
1 2rfln (L) 1
R3 = 2. ] B.7
° 7 2y L [ (r3 —12) } T harroL (B-7)
L
Ri=—— B.8
* 67kst (12 —13) (B.8)
Rs = ! + ! (B.9)
> UrkyoL | hgmrL '
L 1
Re = B.10
® 7 6112k, - h,mr? ( )

where rq is the stator outer radius, 7 is the stator inner radius, r is the radius of the
rotor. The convective heat transfer coefficient for rotor-air gap and stator-air gap are
assumed to be equal and given as h,. The axial convective heat transfer coefficient
The conductivities in axial and radial
directions are assumed to be the same and given as k.., for the rotor and k,; for the

between rotor and ambient is given as h,..

stator.

The heat transfer equations for each node in the network are written and formed in
matrix form (see Eq. 5.17). Then the temperatures T, Ts and T, are obtained.






Appendix C

Dimensions of the Extra
Bracket

25
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90
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L {8 ' | |
50
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Figure C.1: The dimensions of the extra support in mm
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